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2 Design for lifetime performance and reliability

Recent updates:

Feb 27 Chapter 4, problem 4.1 and 4.4 updated, problem 4.2 new.
March 6 Chapter 3, problem 3.11, 3.12 and 3.15 new
Chapter 3, problem 3.14 updated.
March 9 Chapter 3, Problem 3.5 new.
March 10 Chapter 3, Problem 3.24 new.
March 12 Chapter 3, Problem 3.3 solution updated

Chapter 3, Problem 3.5 new
Chapter 3, Problem 3.6 new

March 20 Chapter 6, Problem 6.3 and 6.4
Chapter 5, Problem 5.17

April 1 Chapter 3, Problem 3.13 solution updated
Chapter 3, problem 3.12 solution updated
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Problems Chapter 1

Problem 1.1: L,, service life

Consider a quantity of 10 components that all fail within a year of service. Calculate the L,, service life
with 90% reliability and 10% failure probability assuming a normal failure distribution.

Months 1 2 3 4 5 6 7 8 9 10 11 12
Failures 0 0 0 0 0 1 2 4 2 1 0 0

Problem 1.2: Tolerance field

The diameter of a batch of shafts is normally distributed
with 99.7% of the shafts within the tolerance field
20+0.2mm. Then 95% of the shafts will have a diameter
within a tolerance field of 20 mm A mm.

a) What is A?
b) What is the coefficient of variation CV’?

CV' is defined as the maximum deviation of the mean
divided by the mean.

Problem 1.3: Driving torque interference fit

An interference fit is realized with 20 H7/r6 hole/shaft tolerances. The
dimensions of the components are assumed to be normally distributed.
The standard deviation is calculated from the assumption that the
tolerance interval is a £30 interval. Linear elastic deformation is to be
considered which implies the torque that can be transmitted is
proportional to the diametrical interference 6.

The torque that can be transmitted, based on the mean value of the diametrical interference, is T, [Nm].
It is the torque with 50% failure probability. The torque that can be transmitted with 1% failure
probability is denoted as T,.

The variation of performance, relative to the mean, is a measure of reliability. The coefficient of variation
is defined as CV’= deviation/mean. Calculate CV'= (T,-T,)/T,,.

Problem 1.4: Driving torque tapered shaft hubs

The torque T that can be transmitted by a tapered shaft-hub connection
is proportional to the clamping force, i.e. the bolt preload F,. The preload
F,is proportional to M, /i where M, is the tightening torque p the
coefficient of friction in the screw assembly. The coefficient of friction u
is managed by using a proper thread lubricant and varies between 0.12
and 0.16. Calculate the coefficient of variation CV'=(T,-T,,,) /Ts, Where
T..., is the least torque that can be transmitted by the shaft-hub
connection.
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Problem 1.5: Interference fit with hollow shaft

A gear is to be press fitted over a hollow shaft of 20 mm diameter.
Consider the interference 6=0.15+0.05 mm. The strain is that much that
the hollow shaft will deform plastically.

450
Plastic
350
295 |
o | Linear elastic

strain [%] —

The tensile stress in the plastic regime varies much less with the strain
than in the elastic regime.

The tensile stress in the plastic regime of the steel shaft is approximated

by linear interpolation between o(€=0.005) = 350 MPa and o(€=0.01) =

t | 450 MPa. Calculate the coefficient of variation CV'=(T,-T,.) /Ts, where
T, is the least torque that can be transmitted.

Problem 1.6: Chain dimensioning

The illustration below shows a simple
drawing of a part made by milling.
Calculate the symmetrical tolerance
interval of A with 99% probability,
assuming all tolerances are normally
distributed within the + 3o interval and
independent.

+l

X +A 40 +0.1 15 +0.2
‘ 20 +0.1 B -
=+l
0]
— | +B |—
S 17 Y \
=+l
~ |
— .
|
20 +0.2

Problem 1.7: Number of measurements needed to obtain a reliable estimation

When the measurement of the coefficient of friction is repeated one will find a large variation. Consider
the measured values 0.11, 0.12, 0.13, 0.14 and 0.15.

a) Calculate the 95% interval over which coefficient of friction may lie.

b) What number of measurements are needed to estimate the mean with 95% reliability within £0.01

accuracy?

True value

R(t)=95%

! Accuracy
|

Precision

|

t, X
—_—

u+o U+20 u+3o
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Problem 1.8: Estimation of service interval

From a series of experiments it is
found that a component life is p =
150-10% km and o = 20-10% km. A
component reliability of 90% is
specified with L,,, of 99% with L,.
Calculate the value L, and L, and the
ratio a, = L,/L,,.

Problem 1.9: Conversion of MTBF to Reliability

a) Estimate the MTBF for N=10 devices that are
tested for T,,,=500 hours and during the test r=2
failures occur.

b) Estimate the probability that any one particular
device will be operational at the time equal to the
MTBF?

c) Estimate the probability that the component will

work for 50% of the MTBF

d) Estimate the percentage of the MTBF where
R(t)=0.95.

Problem 1.10: Fault Tree Analysis

Consider the fault tree with the component reliability given in the table below and calculate the failure

probability F(t) of the system for a service life t.
Top Event
A B C D E F G

R(t)y 09 085 09 07 095 08 0.99
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Problem 1.11: Bearing reliability, deep groove ball bearing

Calculate the operating reliability R(t=1000hr) of a deep groove ball
bearing. The calculated L,, life expectancy of the ball bearing is L,,=
500-10° rev. The rotational speed is 4000 rpm.

Hint: The life expectancy of the ball bearings is related to the L,, basic
rating life according (eq. 4.66, page 129).

Problem 1.12: Reliability factor for Fatigue strength

A power supply is cooled by 3 fans. The correct functioning of at least
one of the three fans is required to maintain sufficient cooling. The
operating reliability of the system needs to be 99% for a service life of
10.000 hr, R, (10.000 hr) = 0.99. The rotational speed is 4000 rpm.

a) Estimate the required operating reliability R, of the individual fans.
b) Calculate the required L,,, of the individual bearings.
c) Calculate C/P

Problem 1.13: Reliability factor for Fatigue strength

Data published of the endurance strength are always mean values. In
Norton (2000) is reported that the standard deviation of the endurance
strength of steels seldom exceeds 8% of their mean. Estimate a correction
factor for the endurance strength if a 99% probability is required.

Problem 1.14: Component reliability

Calculate the component reliability of a drive shaft
(motor shaft) loaded in the High Cycle Fatigue (HCF)
regime with L, =2-10° load cycles.

Consider the calculated fatigue life of L, = 3-10°
load cycles and a standard deviation of 0=0.2u.

Problem 1.15: Stress concentration factor

"A chain is only as strong as its weakest link, regardless of the strength of the stronger links". Do you
agree and what do you think about the reliability if the failure mode is fatigue?
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Problem 1.16: System reliability

Calculate the failure probability F(100 hr) of two
critical components of a system connected in series.
From product catalogues it is found that the reliability
of one component is specified with u =150 hrand o =
30.5 hr, the other component is specified with p =120
hrand 0 =10.2 hr.

Hint: first step is to calculate R(t) of both components.

Problem 1.17: System reliability

A heavy-duty motorized frame features a quad drive
system using two high power DC motors and four drive
belts. All four belts are required to maintain optimal
control. From field testing it is found that the service life
of the belts under heavy duty operating conditions is
normally distributed with a mean u =200 hr and a
standard deviation of o = 0.2j. Calculate the operating
reliability of the set of 4 belts for a service life of 150 hr.

Problem 1.18: System reliability

There is a rule of thumb that says that the bearing load P related
to the dynamic load rating of the bearing C is:

Normal loaded bearings P=0.06
Heavily loaded bearings P=0.12C

Consider a motor drive equipped with two ball bearings. One of
the bearings is loaded with P=0.1C, where C is the dynamic load
rating of bearing type 16004, C=7.28 kN. The motor rotates with
n=1400 rpm during 8 hours a day, 5 days a week it is 1920
hr/year. Calculate the life expectancy [years] of this bearing with
1% failure probability.

Hint: First calculated L,, and L,,,. The life expectancy L,, of ball bearings is related to the L,, basic rating
life according L, =a, L, (Table 4.6 page 129).
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Problem 1.19: System reliability

Consider a motor drive equipped with two ball bearings. The life

expectancy of the bearings is calculated as L,,,=12,000 hr and f(t)
L,,,=16,000 hour respectively. Calculate the system (motor)
reliability for a service life of 10,000 hour.

a) The life expectancy L, of the ball bearings is related to the L,,
basic rating life according L, =a, L,, (Table 4.6 page 129) where F(t)
a, is the reliability factor derived from a statistical “Weibull
distribution”.

b) It is assumed that the failure distribution f(t) of the bearings is
best fitted by a Weibull Failure Distribution function with shape factor B=1.5 (Eq. 1.5 page 12).

Problem 1.20: System reliability

The operating reliability of a production line needs to be
estimated. The production line consists of 6 identical pick
and place units with similar operating conditions.

The most critical components of the individual pick and place
units are identified using an FMEA procedure. The operating
reliability of these components are established and finally
presented in a fault tree.

Top Event
R(t)=? z
// I = |
/ Unit 1 A-B-C \\
I | Calculated value of the operating
: A | reliability of the production line R(t).
|
IR(t)=0.95 0.8 | Which of the components would you
| c+D | . ) .
| select to improve its operating
| | reliability by 5 percent in order to
| AND : improve the system reliability?
|
|
1 /



Design for lifetime performance and reliability 9

Problem 1.21: System reliability

A monitoring unit is applied to register as a function of time
unexpected machine standstill which is caused by a specific
component in the pick and place units. The service life t (hr)
of this component is derived from the monitored data and
listed in the table below.

Service life t (hr) of the critical component
590 420 520 480 490 510 450 480

Calculate the required maintenance interval in order to
replace this component in all pick and place units in time.
The reliability of the individual pick and place units should be
at least R(t)=0.99. What is t?

Problem 1.22: Precision and accuracy

Repeatability (precision) is the error between a number of
successive attempts to move the machine to the same
position. Repeatability can be represented by the interval
which contains N% of the measured positions.

Accuracy is the difference between the intended position
and the mean of the measured positions. The
root-mean-square deviation (RMSD) or root-mean-square
error (RMSE) is a frequently used measure for accuracy. The
accuracy can be improved by adjusting the offset. The
precision remains the same.

Resolution is the smallest possible movement of a system when actuated. Also known as the step size.
The resolution of an instrument is the smallest increment that the gage displays.

Intended position Achieved positions

N

1 2 =959

RMSE = NZ (x; _Xtarget) R{t)=95% - Accuracy (RMSE)
i=1 e

Precision

l
| .
Starting position u-30 t) -0 9 U+o U+20 u+3o

Consider an intended position of x,,... = 40 mm and a range of measured x-data:
40.12, 40.07, 39.98 39.95 40.02 mm. Calculate the achieved accuracy and the repeatability within the
95% confidence interval. What is the resolution of the caliper shown above?



10 Design for lifetime performance and reliability

Answers

1.1) "= 1-6+2-7+4-8+2-:9+1-10

n

= 8 months

= 1.155 months

. \J (-6)° + 2(u-7) + 4(u-8)? + 2(u-9)° + (u-10)
n-1

L, 2z=128 x=pW-z0 x=6.522 months

1.2)

The mean value of the diameter of the shafts u=20mm. The 99.7% interval is a 30 interval which results
in 0 =0.2mm/3. The 95% symmetrical interval, with 2.5% on either side, corresponds to z=1.96 and A=
1.960 = 0.13mm. The CV’-value is 1.960/u = 0.65%.

1.3)
20H7:D,,,,=20mm+ 21 um, D_;, =20 mm + 0 um, D
20r6:d,,,, =20 mm +41pum,d

=20 mm +10.5 pm, 0,= 21/6 pm
=20 mm + 34.5 pm, o, = (41-28)/6 um

mean

min =20mm +28 pm, d,_.,

Interference mean 6., = 34.5 pm - 10.5 pm = 24 pm, Interference SD ¢ = \ﬂog + 05) =411 pum

The minimum value of & with 1% failure probability 8, =6, -z0 =24 -2.334.11 = 14.41um

650 1

=0.6T

min mean

Coefficient of variation, probabilistic: cv'= =0.4 thus, T

650
The worst case scenario is obtained with the maximum bore diameter and the minimum shaft diameter.
. T / 6568 min
The minimum value of & (Deterministic): & . =D __-d . =7um and CV'=———=0.71
50
1.4)
The mean value of the coefficient of friction p,= 0.14. The obtained preload F, with given tightening
torque M, is minimal when the friction in fastener will have the highest value.

1/ -1/u
Torque ratio (worst case): T=c—2 T 1 cy/=-_—_Ten ~ ma

W W Y lrmean

=0.125

where T is the torque the can be transmitted by the clamping action between the shaft - hub interface.
Compared to the interference fit which is discussed in previous problem, a much smaller variation in the
torque is obtained, and thus a more reliable connection is achieved. By controlling the friction, the
reliability of the tapered shaft hub connection can be improved further. Besides special lubricants in the
threaded area, washers are occasionally used as a means of minimising frictional scatter from the heat
face friction during tightening.

1.5)
A small variation in the torque transmission is found, despite the large tolerance field on the diameter of
the components.

Tso~Tmin _ Pso™Pmin _0(€=0.01)-0(€ =0.005) _ 400-350

T, Pe o(e =0.01) 400

=0.125

Torque ratio (worst case): CV'=
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1.6
) K5 =15 mm H,o =40 mm K, =70 mm
_0.2mm _01mm _0.2mm
Oy5 = 3 Cao = 3 Oy = 3

Ky = Hyo 7 Hyo ~ Hys =15 mm

2 2 2
0, =[Oy * Ogo + O3 o,=0.1mm
99% interval, 0.5% on both sides: z = 2.58

X. =W -20 X =W +2Z0 A =z0 =0.258 mm
min X X max X X X

11

A rule of thumb says that with chain dimensioning the probabilistic value can be estimated by the square

root of the tolerances. This would result in: A = V(0.2° + 0.1°+0.2°) = 0.3
1.7)
The mean value is the same as the median in this case, u=0.13.

U= 0.11+0.12+0.13+0.14+0.15
n

= 0.13

— 2 — 2 - 2 - 2 - 2
on (U-0.11)° + (U-0.12)° + (-0.13)° + (u-0.14)° + (u-0.15)° _ .~

n-1

The 95% interval of the COF of friction becomes COF = p+1.96c =0.13 £ 0.031

The standard deviation of the sample mean is o, = =0.0071

e

The 95% reliability interval of the sample meanis COF = pu+1.960, = +0.014

The number of experiments needed to have a 95% reliability of the estimation of the mean within £0.01
accuracy is:

001-1962 =260

)? n=10
Jn 0.01

1.8)

Consider single side truncation of the probability density function

X, =W -20, 2=2.33 - x, =103 10° km
— - — 3
X0 = K~ 20, z=1.28 -~ X = 124 10° km

Note that with a 20% longer service the failure probability will increase to 10%.
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1.9)

The Mean Time Between Failure MTBF = T/r =T, n/ r = 10-500/2 = 2500 hr / failure
The failure rate A is the inverse of the MTBF, A = 1/MTBF =1/ 2500 = 0.04% / hr

The reliability R(t)=exp(-At) according (eq. 1.4 page 12), R(MTBF) = exp(-1) = 0.37 =37%
The probability that the component will work for 50% of the MTBF is R(t)=exp(-0.5)=0.61
R(t)=0.95 is obtained with -In(0.95)=0.0513 MTBF, only 5% of the MTBF.

1.10) F(t)=1-AB-C-[1-(1-D) (1-E)] [ 1- (1-F) (1-G) ] = 32%

1.11)
L
on = —— =2083hr L, =1000hr a, =" =048 R =exp(-(a,/4.48)%) =0.966
60n Lion
12) y
R=099 n=3 R=1-(1-R)"" R=0785
_ _ 2 _
L,=a L, a,=448 In(1/Rj) /3 a,=1743
— — _ 6
L,,,=5738hr n=4000rpm L  =137710
c/P=(L,,/10°**=111 P/C=0.09
1.13)
Standard deviation o = 0.081 Reliability factors C .., for 0=0.08u
. of o li s 1 e
L, = p-zo, 99% .rell‘a‘b|l|ty, n=1, z=2.33 R(t) 50% 90% 999% 99.9%
Lo = K, 50% reliability
Cratiab = Lo/Lsor Li/Lsp=(k - z0)/n = 0.814 C.oiiot 1.000 0.897 0.814 0.753
1.14) "
x=L,u=Lg,, 6=02u z=-— z=1.667 Tablel2: R=0.95
o
1.15)

A chain with 100 components (links) connected in series and component reliability 0.99 results in a
system reliability of 0.99'%=0.366. If, one of the components has component reliability 0.95 (the
weakest link in the chain), the system reliability becomes 0.99%°-0.95=0.351. The conclusion is that “A
chain is only as strong as its weakest link” is valid in a deterministic approach, and it is the criterium for
failure by overload. In the case of a probabilistic approach which is necessary for reliability analysis if the
failure mode is fatigue, the reliability of all components matter.

118} y-100, p,-150, 6,-30.5, =120, 0,-10.2

M,~X
z,= z,=1.64 z,-196 Tablel2: R =095 R,=0.975 R =RR, F,=1-R

i
0.i

1.17)
x=150, =200, 0=0.2u z=H% 7-125 Table12: R=09 R =R*-=66%
o
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18) 31n6 9
C=7.28kN, P=0.1C, L,,=(C/P)*10°=10°rev

_ _ 3.
Lion —L10/60n =11.910°hr =6.2year
L,=a,Lh, a,=0.21, L h=13year

The ball bearing loaded with P=0.1C will have a life expectancy with 1% failure probability of 1.3 year.

1.19)
a) L
a, =2 = 10,000 _ 625 - R,(10,000hr) = 0.949
L, 16,000 o
oo R.=R,R, =0.876
=" - """ -0833 - R,(10,000hr)=0.923

b) Weibull’s reliability function is (eq. 1.5 page 12)
_t
(-In(R)**

Consider bearing 1: Substitution of f=1.5, R=0.9 and t=L,,,=16000 hr results in 8=71724 hr
The reliability of bearing 1 for the life of t=10000 hr can now be solved

R(t) = exp(—(é)s) solving B results in: 6=

R(t=10000) = exp(—(é)ﬁ) - 0.949

Repeating the method above for the other bearing result in the system reliability:

R,=0.923, R___ =R R,=0.876

system

1.20)

A=0.95,B=09,C=0.8,D=0.7

Rp=1-(1-C)(1-D)=0.94

R =AB(1-(1-C)(1-D))=0.804

Ryystem = Rumie = 0.27

The reliability of the components A and B dominate the system reliability.

unit

unit

1.21)
"= 590+420+520+480+... - 2925
8
_ 2 _ 2 _ 2
o= (u-590)° + (u-420)" + (L-520)" + ... - 50.64
n-1
99% reliability; z=2.33 t=p-z0=375hr
1.22)

N=5, 1 =40.028 mm, ¢ = 0.068 mm, RMSE = 0.067 mm

a) Accuracy: [ - X, ge = 0.028 mm

b) Precision with 95% confidence interval: +1.960 = + 0.134 mm
c) Resolution of the caliper is 0.01 mm

95% confidence interval of accuracy: t1.960 , o, = o/\/E =0.031, COF=10.062
number of experiments needed to determine the accuracy within a 95% confidence interval of £0.05

0.05=1.960/y/n, n=(1.965/0.05)*=7

13
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Problems Chapter 3

Fatigue failure - Prediction and prevention

Problem 3.1: Fatigue of a bicycle front fork

A manufacturer of mountain bike components developed a light weight magnesium alloy front fork.
Unfortunately, the fork cracked during field testing under normal loading conditions after only a few

rough rides.

The design engineer was asked to check the fork design for
stress concentrations. He made a solid model of the fork,
performed 3D stress analysis in which the critical loading from
braking and horizontal/vertical loading of the front wheel was
set as input, optimized the model's surface mesh by creating a
finer mesh around the small holes located at the brake
connections and made the stress concentrations visible. The
stress analysis proofed that the cracking experienced in the
initial prototype testing was due to the part design, not the
material properties of magnesium.

The first run showed areas of high stress beyond the critical
failure point. The stress raisers were smoothened in some extra
iterations, making modifications to the shape of the design and
wall thickness. The modified design was manufactured and
tested successfully. To evaluate the permissible stresses in
design stage it is important to know in what fatigue regime the
fork will operate during its life. Would it be in the LCF or in HCF
regime?

Problem 3.2: Infinite life design cardan joint spline shaft loaded in torsion

Consider the cylindrical part of a drive shaft cyclically
loaded in torsion. The ultimate tensile stress of the
shaft is R,,=500 MPa. The shaft operates in the
“infinite life” regime where ¢’,=0.5 R, (Table 3.1 page
69) and 6,=0.70’, (eq. 3.3 page 68) and t=0.58 o,. The
yield stress of the shaftis R ,,=0.6R , the shear
strength 0.58 R ,.

Calculate D, /D, where D, is the shaft diameter
required when dynamically loaded and D, when
statically loaded.

stat

a) Stress concentrations are left out of consideration.
b) The stress concentration in the shoulder fillet is K=1.7
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Problem 3.3: Infinite life design drive shaft with transverse hole loaded in torsion

Consider a drive shaft with transverse hole cyclically loaded in torsion with T = £10 Nm. The ultimate

tensile stress of the shaft is R = 500 MPa, the yield stress of the shaftis R, ,= 0.6R, . The diameter of the
transverse hole in the shaft is related to the diameter of the shaft according d/D = 0.2. Calculate the
diameter of the shaft when:

a) statically loaded. Hint:
T3 dys
T=—GD (1-1.7=)t t=0.58Rpo2
1 D )
b) cyclically loaded in the “infinite life” regime where o’,= 0.5R,, (Table 3.1 page 69), 0,= 0.70¢’, and

1,=0.580,. The stress concentration factor can be calculated with the curve fit function K;=1.5899-0.6355
log(d/D).

Problem 3.4: Infinite life design drive shaft under rotary bending

A stepped shaft is subjected to rotary bending M = 4 Nm. The ultimate tensile stress of the shaftis R =
500 MPa, the yield stress of the shaft is R ,,= 0.6R . Calculate the
diameter of the shaft when:

a) statically loaded.
o == «

b) cyclically loaded in the “infinite life” regime where o’,= 0.5R, Y
(Table 3.1 page 69), 0, = 0.70’,and K, = 2.5.

Problem 3.5: Infinite life design drive shaft under rotary bending

Calculate M,/M, where
- M, is the endurance strength for rotary bending of a 12 mm diameter shaft without groove and
- M, is the endurance strength for rotary bending of a grooved shaft of d=20 mm, d,=19 mm and K,=5.

o - == «

Problem 3.6: Infinite life design drive shaft under rotary bending

Consider a grooved shaft in rotary bending. The diameter of the shaft d = d, = 20 mm, the diameter of
the groove d, = 19 mm. The stress concentration factor K, = 5. Calculate how much weight can be saved
when this shaft is replaced by an un-grooved shaft of smaller diameter d, with the same endurance
strength.

Calculate the percentage [%] of weight saving (m,-m,)/m, where m, A
is the mass of the grooved shaft and m, is the mass of the ungrooved d, ' i |X d
shaft. )
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Problem 3.7: Cyclically loaded bolted structure

Consider a cyclically loaded bolted structure using M10-8.8 bolts. The
joint stiffness k =3k, (Figure 3.18 page 80). All bolts are tightened by a
preload between 0.6F,, < F, < 0.8F,,. Calculate:

a) the maximum external load P that is limited by the bolts yield strength.

b) the maximum external load P that is limited by the clamping force
(F,,>0).

c) the preload F,(F,,) that will result in the maximum load capacity. In this
case both the yield strength and clamping force needs to be considered.

d) the maximum external load P that is limited by the endurance strength of the bolts.

e) Give some reasons for why the preload is defined within a range. List some more influence factors that
may affect the reliability of the load capability.

Problem 3.8: Spring model of a screw joint

P
Derive an equation for P, /P expressed in k, and k,,, ‘
where P, is the load fluctuation in the threaded

section between the nuts, P is the load fluctuation a) b)
applied to the screw joint and k,, k, is the stiffness AS ,
of the clamped material and the bolt respectively. ] l ‘ | '

e
] P
5

f

|
p

m2

REisiery

P

Problem 3.9: On the design of cyclically loaded screw joints

a) Calculate the fatigue strength P of the bolted structure as
shown, where P is the maximum load fluctuation in the
endurance strength regime of the bolt stress. Consider M24-8.8
bolts with a pretension of 0.6R  , and a joint stiffness factor
C.=1/4.

b) In what way would you redesign the structure in order to
obtain an improved fatigue strength?
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Problem 3.10: Improved fatigue strength of a screw joint

Calculate the factor to whichthe 1) <«—— d, —= 2) ~— d, — =
fatigue strength P of the screw -~ d, — - d, —

joint will increase by placing a b b/

ring below the nut, where P is = o

the maximum load fluctuation in ' ' |

the endurance strength regime T
of the bolt stress. r r

m1

Consider | ,=2d and | ,=3d. L

Problem 3.11: Improved fatigue strength of a screw joint

Calculate the factor to which the fatigue 1) d, 2)
strength P of the screw joint will increase
or decrease by replacing a metric M12-8.8
screw by a metric M10-10.9 screw. The
thickness of the clamped members L =2d
where d=12mm are kept the same.

Problem 3.12: Improved fatigue strength mounting of a bearing housing

Consider two possible configurations for the
mounting of a bearing housing. Both
configurations are realised with M12 bolts
sufficiently preloaded. The clamping length of
the configuration 1 and 2 are L, ,=0.8d and

L, ,=2d.

o

Calculate P,/P,, where P, and P, are the
maximum load fluctuations on the bearings of
configuration 1 and 2 respectively
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Problem 3.13: Improved fatigue strength piston - rod connection

Consider two possible configurations for a hydraulic piston - rod connection.
Configuration 1) M24-8.8, clamped over L, =d, preloaded with 0.8F,
Configuration 2) M12-8.8, clamped over L,=3d, preloaded with 0.8F,,

Calculate the ratio of the 1) 2)
fatigue strength P,/P,. P, and

! p; ! p;

\ | | !

P, are the piston forces of ! ‘\%é;; — P '\ [ ‘\ P \

configuration 1 and 2 ! — | b AN 4 , b |

. ! S ! =1 - PP
respectively, that can be R i _._,_._Ix_ﬁ,_ S ._._._“,|<%L._A_>_‘[._

sustained for infinite life. The | >—<— S R |

small letter p is the hydraulic l i;iz\—/ " ‘l ||

pressure. v S y, v b ? 7

| - Lm - | | —— Lm = |

Problem 3.14: Fatigue failure probability of a screw joint

Consider a pneumatic cylinder that consists of an aluminium bushing
with two end caps clamped by 4 steel bolt studs.

Bolt studs: d,=4 mm, E_.,=210 GPa

steel ™

Bushing: D_,=80mm, wall thickness s=6 mm, E_,, =70 GPa
a) Calculate the joint stiffness factor C,..

b) The bushing is replaced by one with a 3 mm wall thickness. So, the
joint stiffness factor of a screw joint is not C,,=1/4.2 but becomes
C..=1/2.6. What consequences will this deviation in joint stiffness
have for the fatigue strength of the bolted connection.

Problem 3.15: Improved fatigue strength using stretch bolts

Stretch bolts are used by car manufacturers for several reasons; to
accommodate LCF thermal expansion (thermo-mechanical fatigue
TMF), to withstand HCF load and finally they can be prestressed
accurately.

a) Calculate the stress concentration factor in the threaded section of
the bolt. Consider a metric M12-8.8 bolt and an endurance strength of
the steel when loaded in axial tension of o’, =0.4Rm. The fatigue
strength of the threaded part 6,=50 MPa is derived from Figure 3.16 page 79.

b) Calculate the minimal diameter of the shank, if the same fatigue strength [N] is asked for the shank
and the threaded section. The stress concentration in the fillet on both ends of the shank is K=1.8. The
strength reduction factors in the shankare C_ .C =0.8.

surf *~ reliab
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Problem 3.16: Infinite life design cylinder head studs

Cylinder head stud bolts clamp the cylinder head to
the block. To maintain a tight leak-free seal, the
bolts must be tightened in the proper sequence to
specifications.

One of the methods to torque head bolds is called
torque to yield (TTY). It means that the equivalent
stress is increased until it reaches the yield strength
during tightening. A rule of thumb says that the
torsional stress increases the equivalent stress by
approximately 20% and is released as a result of
relaxation after tightening.

Calculate the maximum load fluctuation P, that can
be taken by each stud. Consider M10 threaded
studs, A;=58 mm?, steel grade 12.9 and C.=1/8.

Problem 3.17: Thermo Mechanical Fatigue (TMF) of cylinder head studs

The overall clamp force generated by the cylinder head bolts/studs
and its uniform distribution across the entire sealing system is a major
issue. Various areas are to be sealed (gas, water and oil seal) and
compression forces and thermal expansion must be accommodated
while keeping an optimum clamping force over the gasket.

Each time the motor temperature increases from cold start to
operating temperature the aluminium cylinder head expands. Because
the cylinder head studs are made of steel and thermally expand to a
lesser degree, the bolt stress varies each temperature cycle. Calculate
to what extend the bolt stress will increase by thermal expansion of
the head. Consider 10 mm diameter bolt studs and a clamping length
of 150 mm.

Problem 3.18: Thermo Mechanical Fatigue (TMF) of solder joints

For environmental reasons tin-lead solders, for
example Sn-37Pb, are replaced by lead free solders.
Lead free solders, that are now being used are tin-
silver-copper alloys. In the so called Ball Grid Array
(BGA) packages in SMT these solder joints appear
to suffer from Thermo Mechanical Fatigue.

The differences in the thermal expansion rates of
the components and the printed circuit boards
causes the solder joints to undergo cyclic
elastic/plastic deformations. The plastic
deformations can harden the solder and finally
cause solder cracks and joint failure (cohesive
bonding failure).

Derive an equation for the shear force acting on the solder joint, related to the thermo-mechanical
properties of the components.
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Problem 3.19: Infinite life design compression spring

Calculate the max amplitude of a compression spring for infinite
life. Consider a wire diameter d=10 mm, number of winds n=8,
radius of the winds r=50 mm, a shear modulus of G=80 GPa, R, =
2220 - 820 log d where d [mm] and R,, [MPa], a fatigue strength for
10’ stress cycles of t, /R, =0.15. Approximate equations for spring
stiffness of coil springs are listed in Table A4 page 526.

Problem 3.20: Finite life design of a welded chassis

Two hot rolled steel sections of S235
(Ryo, =235 MPa) are connected by
welding. The fatigue strength of the
welded zone is characterised o,
(N=10") = 30 MPa (SN-diagram shown
below).

Calculate the number of stress cycles
that can be sustained with stresses as
high as the yield strength of the
structural steel itself.

Problem 3.21: Finite life design of butt-weld connections in pipe flanges

Socket weld pipe flanges actually slip over the pipe. These pipe flanges
are typically machined with an inside diameter slightly larger than the
outside diameter of the pipe. Socket pipe flanges, are secured to the
pipe with a fillet weld around the top of the flange.

-

o (-

Weld neck flanges attach to the pipe
by welding the pipe to the neck of
the pipe flange with u butt weld.
The neck allows for the transfer of
stress from the weld neck pipe flanges to the pipe itself. Weld neck
pipe flanges are often used for high pressure applications. The inside
diameter of a weld neck pipe flange is machined to match the inside
diameter of the pipe.
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Calculate the ratio of the fatigue life of the weld connection in a “socket weld pipe flange” with respect
to the “weld neck pipe flange”, N/N,. The Socket weld flange is typically a detail category with
0,.-(N=107)=30 MPa, the weld neck flange with o,(N=10")=45 MPa (SN-diagram shown in previous
problem). Consider a fatigue load inducing a stress over the cross section of the pipe of 50 MPa.

Problem 3.22: Finite life design of butt-weld connections using the Palmgren-Miner rule

Steel grades known as 5235, S275 and S355 are non-alloy structural steels. The steel grades of the JR, JO,
J2 and K2 categories are in general suitable for all welding techniques. The yield strength of S235 for
example is 235 MPa. The strength of butt welds when statically loaded do not need to be calculated
separately, since the strength of the weld material is at least as strong as that of the structural steel.

A reasonable estimation of the endurance strength of structural steels made of S235 subjected to cyclic
bending is o, = 0.4Rm = 160 MPa, which is 70% of the yield strength .

The endurance strength of welded connections is much less than the endurance strength of the
structural steel members. For example, the endurance strength of butt welds is limited to approximately
0,=0.55-45~25 MPa (Figure 3.30 page 90 and Figure 3.27 page 87), which is less than 20% of the
endurance strength of the structural steel S235.

Oy (N=107) = 45 MPa
o, (N=2-10%) = 25 MPa

The relatively low value of the endurance strength of welded connections and the relative high stress
peaks that must be sustained during life makes that most welded structures are designed in the “finite
life regime”. Since parts are seldom stressed repeatedly at only one stress level, the cumulative damage
effect of operations at various levels of stress need to be considered.

Calculate the fatigue life L(hr) of a welded connection located between the cylinder bushing and the end
cap of a hydraulic cylinder.

The actual stresses in the weld are measured
during one hour of service. The stress
spectrum is simplified into the values which
are listed in the table below.

o, [MPa] 240 120 60 30 20
n, [-] 10 20 40 400 1000
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Problem 3.23: Finite life design of fillet-weld connections

A crane picks and place a load from
position A to position B and back.

a) Calculate the static load F/(aL) that the
fillet welds can sustain. L is the length of
the weld over which the load is uniformly
distributed and a is the cross section at
the throat. The yield strength of the weld
material is 235 MPa.

b) The stress spectrum in the welded zone
of the lifting plates is simplified to n,,=N/2
times o and n,,=N/2 times o/3 where N is
the fatigue life expressed in load cycles.
Consider a stress 0=90 MPa and the SN-
diagram of the fillet weld shown below.
Calculate the fatigue life N

O (N=107) =30 MPa
o, (N=2-10% = 16 MPa

Problem 3.24: Finite life design of a fillet-weld subjected to bending

Consider the lift plate loaded in bending. Derive an

equation for the maximum bending stress in the fillet

weld. The left plate is welded with a double fillet weld < a=
with a cross section of the throat a.

(NN NN

[IRRYFERI

L/2 L/2

~} —

B O_L.max(M!V)

B O_\ max(M)
o (V)

_>Q
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Problem 3.25: True or Untrue?

10.

11.

12.

13.

14.

15.
16.

Finite element analysis will underestimate stress concentrations when applying a course grid.

It is always save to use the geometrical stress concentration factor Kt rather than the fatigue
stress concentration factor K; while K, >K:.

Fatigue failure might result form cyclic loading only if there is some tension in each stress cycle.
The introduction of residual compressive stresses to improve the fatigue strength can also be
useful at shaft fillets and grooves, for example by impressing a hardened roller against a shaft as
itis turned in a lathe.

Rotary machinery generally operate in the “infinite life regime” with stresses below endurance
strength.

The ratio of endurance strength to ultimate tensile strength is taken 1/3 in a first approximation
for steel shafts under rotary bending.

When a crack is formed it creates stresses larger than those from the original notch.

Fatigue fractured drive shafts in torsion typically show a fracture face under 45 degrees with the
cross section.

The Smith diagram provides information about the influence of the mean stress on the
endurance strength.

The Wohler diagram also called SN diagram provides information about the fatigue strength in
both the LCF as the HCF regime.

The stress concentration factor K; can be determined by FEM calculation.

The Smith diagram provides information about the fatigue strength in the low cycle fatigue
regime.

For steels the ratio of endurance strength o, to 0.2% yield strength R, , is taken 1/3 in a first
approximation for steel shafts under rotary bending.

Smooth cylindrical drive shafts without any stress concentrations will not fail by fatigue.
Fatigue failure occurs typically at stresses below the endurance strength.

Fatigue failure only occurs at stresses below the yield strength of a material.
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Answers

3.1) Mountain bikes exhibit a load spectrum that is quit variable due to braking, potholes and landings
from jumping. The number of low magnitude stress cycles may be potentially large and in the HCF
regime and thus less harmful. The number of high stress cycles in the magnitude up to local yielding are
in the LCF regime (<10’ load cycles, Figure 3.4 page 65) and will limit the life span of the front fork. The
contribution of the low magnitude stress cycles could be estimated using Palmgren Miner’s Rule (eq. 3.13
page 88).

3.2) The torque and shear stress are related according (eq. 3.2 page 68)

R 0.6R
dyn _ ( p0.2 )1/3 _ ( m )1/3 =12

;. O0507R_ 050.7R
g 20 sy g
D 0.50.7R,, 0.50.7R /1.7

3.3)

a) Statically loaded

T= iD3(1—1.7%)r, D=(

T )¥3=10.1mm

T 1-17%
16 D

b) Dynamically loaded

T
7= " p31-179) 2 t, =0580.705R  K,=2.034 D=153mm
16 D K

3.7)

t

3.4)
a) Statically loaded
M=203%, D=(—M __yB-51mm
32 (/32)R ,,
b) Dynamically loaded
m=L1p3s, D= M 1328 3mm
32 (n/32)0.70.5R /K,
o M. (d=12) 3
3.5) M, (d=12)=""d3c,, M,(d,=19)="-d; =, — = ‘: =1.26
32 22K Md=19) gk
o) d m d
3.6) M=—djo, M=""d}—° d,=—“=11.1mm —2=(—2)2=0.31 weight saving 69%
32 32 “ K, K2 m, d,

a) The stress increase in the bolt is limited to the yield strength of the bolt.

P,=0.2F,, P _=3P, P=P,+P_=4P,=0.8F, ,=29.7kN

b) The stress increase in the bolt is limited by the minimum value of the clamping force F_. If the
bolt stress is increased further the clamped members become separated.

P _=F=06F,, P,=P_[3 P=P,+P_=0.8F,,=29.7kN
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¢) The maximum load capacity is obtained with P,+P_=F,,. With P,:P_=k,:km this results in
F.=(1-C )F,, =0.75F,, = 27.84 kN P=F,,=37.12kN
d) When cyclically loaded, the amplitude of bolt stress can further be limited by the endurance

strength of the bolt. The endurance strength of the M10-8.8 bolt is 6,=52.5 MPa (Figure 3.16
page 79). This results in

P,=20,A, P =3P, P=P,+P _=4P =24.4kN

Fos =1 Fo
: WIRVAVADEIS R
i I | — ) Pb ‘
P F |
I |p I
| m ‘ P
P, |
\
<®>E\ F. \
| 6b L 6m ’ | 6b L 6m ’
e) Variation on the preload is mainly caused by variation on the coefficient of friction during
tightening. Other important influence factors are the accuracy of the tightening method and
stress relaxation after tightening.
3.8) The physical model of the screw joint can be expressed as two springs connected in parallel.
k
AP = -ASk AP, -—L2 p-C P
m m AS = P b kb+k m
P=AP,- AP ky*kp,
m
a) [T
3.9) The critical section of the screw joint is the part below the 7 T |~~\_
lower nut, not the prestressed section. The fatigue strength of __,f" i *
the critical section is: /] F o\
r @.z — ..__iix_&
P=P, =20,A, Lge | gl
= it | NENARRRUN R | RN
5, - 0.75( 180 +52) P =315kN ? i
d
[ ——
A very small joint stiffness factor C, can be obtained when b) Al “r[_\
using bolt studs anchored at a relative large depth (Figure b). /"’ | Y
(tﬂljh B B WY
B e —
SN | SENNNNRRAN SRS
H f
| |
3.10) The load fluctuation P, that can be taken by the bolt is the same for both configurations, since

the steel grade and diameter of the bolts are the same. The load fluctuation that can be taken by
the joint P=P,/C where C, is the joint stiffness factor, it is the partition of the load P that is
taken by the bolt. The factor to which the fatigue strength of the joint will increase is P,/P, =
le/CmZ'

Substitution of | /d=2in (3.11) page 81 gives C,,, = 0.232. Substitution of | _/d=3 gives C,,= 0.178.
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3.11)

3.12)

3.13)

3.14)

3.15)
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The fatigue strength of the screw joint will increase by a factor P,/P,=C,,/C,,=0.232/0.178=1.3.
In other words, the external load that can be taken by the screw joint has increased by 30%.

(Rpp2Ad, _ 09120058 _

(R,,A), 0.880084.3

0.97

The static strength of the bolt has decreased by a factor

(0,Ad, _52.570/6058 _
(0,A), 503843

0.84

The fatigue strength of the bolt has decreased by a factor

where o, is calculated from (Figure 3.16-right page 79). The correction for the higher steel grade
is 70/60 (Figure 3.16-left page 79). The tensile stress area is listed in Table A8 page 529.

o Cn2 0.208
The joint stiffness factor has decreased by a factor ——=——— =0.90
c,, 0232

Conclusion:
The static strength of the screw joint will increase by a factor 0.97/0.90=1.08.
The fatigue strength of the screw joint will decrease by a factor 0.84/0.90=0.95.

The fatigue strength of the screw joint has reduced by 10%. The situation is different when the
diameter of the clamped material around the screw is limited (eq. 3.10 page 81), where a smaller
screw diameter will improve the fatigue strength of the joint significantly.

Both mountings uses the same screws: P, =C_ . P,=C P, —=—-=—-=1.44

The critical section of the screw joint in configuration 1 is the threaded part outside the clamped
area, not the prestressed section. The fatigue strength of the critical area of the M24 is:
¢,=1 P,=20,A, P, =Pb/Cm =31.5kN

The joint stiffness factor and the maximum load of the M12 screw joint in configuration 2 is:

C,=0.178 P,=20,A,=85kN P,=P,/C,_=47.5kN P,/P =151

o=Ee ﬁzEﬂ k:i:ﬂ
A L da. L
n 2
4—d*E
fo Ak 4 M1 1
k, A.E, DsE, 318 " 418

The smaller the joint stiffness factor C,, the smaller the part of external loading that is taken by
the bolts, the better fatigue strength is achieved for the bolt joint.

In contrary, if the joint stiffness factor is larger than expected, C,, =1/2.6 and not 1/4.2, the
fatigue strength of the bolted connection will be smaller than expected and the bolts may fail by
fatigue prematurely.

The stress concentration factor is K, = o, /o, = 6.4.

The fatigue strength of a metric M12-8.8 bolt is calculated form Figure 3.16 page 79, ¢, = 50.25
MPa. Multiplied by the tensile stress area A,=84.26 mm? gives F,=4.23 kN.

The endurance strength of the steel in axial tension is 0.4R, = 320 MPa. The required diameter of
the shank becomes: (n/4) d*C_,C,.., 0./ K, =F,, d =6.2 mm.
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3.16) The maximum load fluctuation that can be taken by each stud can be limited by:
1) yielding of the bolt studs when exceeding the elastic limit

The load fluctuation that can be taken by each bolt stud
P,=0.2AR,,,=0.2F,,=12.5kN (Figure 3.18 page 80), P = P, /C,, = 100 kN

2) a minimum clamping force that is needed to ensure leak-free sealing and
When 20% of the yield strength of the bolt studs is needed as minimum clamping force then 60%
of the preload remains for P, i.e.P,,=0.6 F,
P,=C,P,P,=(1-C,)P, thenP, =(C,/(1-C,)) P, =54kN,P=P,/C =43 kN
3) the endurance strength of the bolt studs.
The endurance strength of the bolt studs is P, =2 o, A,=6.1 kN, P =P, /C, =49 kN.
Conclusion: The clamping force of the screw joint is most critical, P,=5.4 kN, P =P,/C_ =43 kN.
Bolt studs are always mounted using a solid lubricant (page 291) for several reasons. First of all to ensure
a constant and low friction which is profitable to accurately apply the preload by tightening and to limit
torsion stresses during tightening. Secondly, the solid lubricant prevents fretting corrosion which ensures

that the bolted joint can be unscrewed, and, not less important that this avoids fatigue corrosion.
Especially high strength steel alloys are very susceptible to stress corrosion.

3.17)

dL=La_dT- ﬁ
m k — |
m o -a -
s dF=—" % | dT ﬁ
1 1 |
dL=Lade—£ —t—
k, k., k, .
i
k
-FA 4t K1 .-
L 4 k, ( 1 2
1.5+0.289L/d
Substitution of d=10 mm, L=150 mm, E=210 GPa, a,=12 10° /K,

dT=150K, E,=70 GPa, a,= 23 10° /K results in k,= 1.1 10° N/m, k_/k,
=33, C,=0.029, dF=17.6N, do=0.224 MPa.

The bolt is relatively elastic. The thermal expansion of the cylinder head is hardly limited by the
bolts. The asymptotic solution for C_ =0 would result in free expansion of the head by dL=La,dT
and an increase of stress in the bolts of do = E_, dL/L = 0.231 MPa.

With the bolts relatively elastic compared to the clamped material a very small part of the
compression force is taken by the bolts keeping an optimum uniform and constant clamping
force over the gasket.
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3.18)

3.19)

3.20)

3.21)

3.22)

Chapter 3 Fatigue failure - Prediction and prevention
k.,
u =La dT - L f 5 f
1 1971 -
k]_ kl
F Lo, T.-a,T,)
Uy=Lo,dT,+— } p-_"11 33
3 1 1 1
F 4+
U2 = — U1 = U2 +U3 kl k2 k3
kz
E A E.A u,-u u,-u u,-u
k, = t 1 k, = 3 3 t=Garctan(1 3):G1 3 f=G1 3 k2=@
L L h h A h h

This model can be useful to analyse the possibility of corrective actions.

3 3 2
:M F:ld_t: f=4nnr_l

4 ’
G 16 r dG | o _ _ _
d R_=1400MPa Tt,=210MPa f_ =66mm

v, =015R_ R _=2220-820logd

o
Cl .
Substitution of 0,,=30 MPa, 6,=235 MPa, m=3 in N,=(——)"10’ gives N,=20.810° cycles
o

i

The fatigue life expressed in the number of stress cycles N, is calculated with eq. 3.12 page 87.
N./N,=(30/45)?=0.296. The exponent m=3 for both flanges since o, > 0,,;. Note that the fatigue
life of the socked flange is only 30% of the fatigue life of the neck flange.

First step is to calculate the damage fraction D for one hour of service.

The damage fraction D=n/N, where N; is the number of load cycles that could be accumulated
when the amplitude of the stress cycles would remain constant over life (eq 3.12 page 87).

Ao, [MPa] 240 120 60 30 20

n [-] 10 20 40 400 1000

N [ 45 5. 45 5. 45 5. 4 45 . 45 .
(—)°10 (—)°10 (—)°10 (—)10 (—)710
240 120 60 30 20

Hypothetical: If in one hour D = n,/N, = 0.1, then 10% of the service life has passed and the service
life would be L=1/D =10 hours.

The fatigue life is achieved when the cumulative damage D=1. So, the service life L becomes:

n,

p=Y . L=
XN,

1

= 4893 hr

olr
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3.23)
a) The load is distributed over the length L:
2 2 2
O, = (o, +3(t] +t//)stD_2
5 - _Fv2 _p 2 F R
Lt al a2 g el V2
T, =0
b)
D= nAB + nBA =1
30 30
(=P10" (—=)*10 n 5
90 90/3 My =Np, = 3.57 10
N5 =Ny, N =7.14 10° cycles
N=n,,+ng,

3.24) The maximum bending stress in the lift plate and the filled weld:

V=Fcos(a) H=Fsinfa) M=Ve

lift plate thickness t

double fillet weld
with throad cross section a

The factor 2 in the denominator refers to the double fillet weld. The v2 is from o, in the cross

section of the throat.

3.25) Truel1t/m10.

=1tL20
6

o

22

M=1c1L2
6

29
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Problems Chapter 4

Problem 4.1: Effective contact radius cam-roller system

Calculate the effective contact radius R’ of
the cam roller supports shown in the
figure. Consider a radius of the support of
r,=5mm and a curved cam with r,=1.1r,.

b) Calculate the static load rating C, of the
point contact illustrated by configuration |
according ISO 76: 1987 (page 102). The
cam and support are made of ball bearing
steel 100Cr6, E=213 GPa, v=0.29, p__ = 4.2
GPa, radius r;= 10 mm.

Problem 4.2: Calculation of the static safety factor to ensure smooth vibration free motion.

A contact load as large as the basic static load rating C, produces a permanent deformation of the rolling
element and raceway, which is approximately 1/10,000 of the rolling element diameter. For smooth
vibration free motion the required basic static load rating C,, can be determined from C, > s, P, where s,
is the static safety factor. Calculate s, when P, is the maximum load at which the contact deformation
remains fully elastic.

a) Calculate C, with the maximum contact pressure p,.., = 4.2 GPa for point contacts and p,,, = 4
GPa for line contacts (according ISO 76: 1987 page 102). Consider both components made of ball
bearing steel 100Cr6; E=213 GPa, v=0.29, E’=233 GPa.

b) Calculate P, based on p,, . (eq. 4.9 page 100 for point contacts, eq 4.26 page 108 for line
contacts).

c) Calculate s, for initial point contacts, elliptical contacts and line contacts.

Problem 4.3: Maximum contact pressure

Calculate the ratio between the load capacity of a steel ball and a ceramic
ball running on a steel plane surface.

Steel ball: 100Cr6, E =213 GPa, v=0.29
Ceramic ball: Si;N,, E =300 GPa, v=0.28
Steel plane surface: 100Cr6, E = 213 GPa, v=0.29

Hint: The maximum contact pressure in the ceramic ball - steel contact is
limited by the maximum contact pressure of steel, i.e. p,, .~ R,

Problem 4.4: Contact stiffness

Many tooling machines are equipped with cast iron slide surfaces because of the superior bearing
stiffness and shock resistance. Rolling guides have advantage over slide surfaces when low friction is
required.

The axial stiffness of rolling guides (eq. 4.5 and 4.6 page 99) can be increased by preload. Calculate the
stiffness ratio S’ of a steel ball with diameter 5 mm running on a steel flat (E'’=230 GPa), when loaded by
100 N preload and 10 N payload and when loaded by 10 N payload only. Payload is the load that is
supported.
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Problem 4.5.: Fatigue life of cam-roller supports

The dynamic load rating of commercial cam-roller systems is based on a surface hardness of the
raceways between 58 to 64 HRC. If the hardness is lower than this range, the basic dynamic load rating C
needs to be multiplied by the respective hardness factor (f,). Calculate the factor of which the L,, fatigue
life will decrease when the hardness of the support is HRC = 50 and f,=0.6.

Problem 4.6.: Material selection of gears

Calculate the ratio of the maximum driving torque that can be transmitted by a set of spur gears (line
contact) made of 16MnCr5 with o,,,, = 1400 MPa compared to a set made of 34CrMo4QT with o,,,,,= 700
MPa (Hint: consider eq. 4.26 page 108, eq 4.82 page 144 and Table 4.7 page 141).

Problem 4.7: Brinell hardness test

a) In the Brinell Hardness test, the indentation made by a 10mm ball should lie between 0.24D and
0.6D. The load can be chosen in the range of 1, 2.5, 5, 10, 15 and 30kN. Examine the minimum
and maximum hardness that can be measured for each load.

b) Calculate the load F_ whereby deformation can still just be considered to
be purely elastic. Do the calculation for a steel ball as well as a “hard
metall” tungsten carbide ball. For the steel ball take E =213 GPa, v=0.29
and for the tungsten carbide ball E = 640 GPa and v =0.26. Assume that
the material in the experiment has a hardness of 600HBW and that p. =
H/3. Explain the result of the calculation.

c) Use the details in the previous question to calculate F/F_for 600HBW, F =
30 kN for both the steel ball and the hard metal ball. What can you conclude about the accuracy
of the measurements?

Problem 4.8: Load carrying capacity of a roller guide

The load capacity of a guiding system needs to be calculated. The outer rings of the track rollers are
made of ball bearing steel (R, ,=1.85 GPa, E=206 GPa, v=0.3). The rails are made of carbon steel (R, , =
1080 MPa, same E and v) . The diameter of the rollers and the rails are the same, D=16 mm.

a) Calculate the load capacity of the guiding system
when the deformation in the Hertzian contacts
needs to remain fully elastic.

b) During a running in phases a running track is created
on the rail surface by plastic deformation. Calculate 3QD_
the load P that creates almost fully plastic
deformation during running in (p,,=H, H/R ;,=3).

c) Calculate the track width (flattening of the rail) that remains after the running in phase.
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Problem 4.9: High speed hybrid ball bearing

Ceramic balls are applied in ball bearings to enable higher rotational speed. The lower density of the
ceramic balls (silicon nitride) decline the centrifugal force.

a) Find out by what percentage the centrifugal force F = -mw’R declines
when using ceramic balls. By what percentage can the rotation speed
be increased? The density of steel is 7800 kg/m?, while the density of
silicon nitride is 3200 kg/m”.

b) Because the E-modulus of silicon nitride is approximately 1.5 time that
of steel, an equal load will lead to higher contact pressure. The
advantage of a smaller centrifugal force is hence limited. How big is
this effect? For ball bearing steel E =213 GPa, v = 0.29, for silicon
nitride E = 315GPa, v = 0.26.

c) By what percentage can the rotation speed be increased when both
effects are combined?

d) What other effects will be advantageous with respect to the higher rotation speed by using
ceramic balls?

Problem 4.10: Cone on ring CVT / Hertzian line contact subjected to rolling with traction

Consider the line contact of a cone on ring cvt subjected to rolling with
traction, both components are made of carburised steel in accordance with
DIN17210, with E =200 GPa, v=0.3, R ,,= 835 MPa. Consider the contra form
contact between the ring and cone: R, = R,=30 mm, L = 10 mm. What is the

maximum normal load

a) for pure rolling under which no plastic deformation occurs?
b) for rolling when the traction force amounts to 30% of the normal force
and no plastic deformation is allowed to occur?

The normal load calculated above is based on the so called “static load rating”,
it is the maximum load that can be transmitted without initiating plastic
deformation. For surface durability reasons, the so called “dynamic load
rating”, the fatigue strength and lubrication conditions need to be considered (Case 4.11 page 149).

Problem 4.11.: Surface durability of a gear set

The calculation of the surface durability is based on the Hertzian contact pressure p,,.,,
which may not exceed the allowable stress number o,, ., of gear materials (Table 4.7 page
141).

a) The contact pressure of a carburised and hardened spur gear set needs to be
verified. The pinion is driven by a torque of T, = 750 Nm. From the information on
the drawing in accordance with NEN2366 follows thatz, =15, z, =71, m=7 mm, a
=20°and b = 44 mm. Calculate p,,,.

b) What would be the factor of safety for the driving torque when selecting a steel
with o, is 1.2 times the calculated value of p,,,,.
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Problem 4.12: Contact friction

The friction force between two surfaces in sliding motion can be written as F; = t A where T is the
interfacial shear stress. The shear stress is assumed to be a constant and will be discussed in the next
chapter. The contact area A of a Hertzian point contact is a function of F (eq. 4.10 page 101). Derive an
equation for F,(F) = C F®. What is B and what is C?

Problem 4.13: True or Untrue?

1. The Hertzian formulae are derived on the basis of linear elastic deformation, the stresses below
the surface are not affected by finite dimensions of the contacting bodies and the contacting
surfaces are assumed to be frictionless.

2. The Hertzian formulae can be applied for stationary concentrated contacts as well for rolling
contacts.

3. In concentrated contacts the normal stresses are the greatest at the surface.

4, In concentrated contacts the normal stresses lead to shear stresses below the surface.

5. In concentrated contacts first inelastic yielding takes place just below the surface. This is where

the shear stresses are maximum.

6. In concentrated initial point contacts the load at which first inelastic yielding will take place is
proportional to the critical contact pressure pmlca.

7. The load capacity of a point contact is proportional to Rpo_zs.
8. Doubling the load on a deep groove ball bearing will decrease the fatigue life by a factor 2°=8.
9. The slip between the side surfaces of a cylinder roller with its track is typically an example of

Heathcote slip.

10. In the ball-raceway contact of angular contact ball bearings a combination of rolling and spinning
takes place.
11. In rolling bearings the balls and raceways become separated during service by elasto-

hydrodynamic lubrication, dependent on load, speed and surface roughness.

12. Rolling bearings in motion, loaded up to the static load rating show initial plastic deformation
which is limited to the running in period.

13. Plastic deformation in concentrated contacts of rolling mechanisms may vanish during running in
by work hardening of the steel and an increase of contact conformity by inelastic yielding.

14. The surface durability (fatigue strength) in gear transmissions is based on the Hertzian contact
pressure.
15. --- The static load rating of deep groove ball bearings is defined by the Hertzian contact load at

which a contact pressure occurs of 4.2 GPa. This contact pressure is the maximum contact
pressure at which the deformation is still elastic.
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--- Brinell hardness is measured as the depth of an indentation of a hard metal ball under
prescribed load.

--- The rolling resistance in a steel ball — ring contact is solely defined by the time dependent
elastic recovery, called hysteresis loss.

--- Reynolds slip typically occurs in a rolling contact under traction.

--- Elasto hydrodynamic lubrication must be avoided in traction drives in order to prevent macro
slip.

--- The dynamic load rating of deep groove ball bearings is defined as the load at which a
maximum contact pressure will occur of 4.2 GPa.

--- In groove ball bearings the dynamic load rating is smaller than the static load rating.

--- When considering elastic deformation it can be stated that; the load capacity of a ceramic ball
running on a steel flat is higher than that of a steel ball running on the same steel flat.
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Answers

4.1)
a)

b)

4.2)
a)

b)

4.3)

4.4)

The effective contact radius is calculated using eq. 4.3 page 99
) Py =% Ty =Ty Ty =Ty [, = R’=r [2=2.5mm

_ _ _ . pl-
) Iy =% [y =0y D=0y D=1y R'=4.583 mm

a minus sign is because of the concave surface as explained on page 99.

If the cam roller diameter is equal to the diameter of the rail guide, then the radius of the
Hertzian contact r = r =r. Substitution of p_ =p_. /1.5, p,,,, = 4.2 GPa, R" = 2.5 mm and E'=233
GPain eq. 4.10 page 101 results in the static load rating of the point contact of C; = 708 N. The
contact pressure of 4.2 GPa corresponds to a plastic indentation of 1/10,000 of the roller
diameter.

If the rolling contact should remain fully elastic then the load capacity is limited by p, . =R, =
1850 MPa and results in F,.=204 N, a factor 3.5 less. This can be written as F_.=s,C, where s,= 3.5.

Point contact: The maximum contact load is proportional to p,, > (eq. 4.10 page 101).
Sy = _o_

CO pm.c Rpo.z
When running in the same track the plastic deformation will vanish in a few load cycles.
Line contact: The maximum contact load is proportional to pm_c2 (eq. 4.26 page 108).

15
(pm.CO)az(pmax/ )3=3.5

n
—p
p p max
50:_":( mON _( 4 =17
CO pm.c iR 0.2
0.387 ™

Rolling elements with line contacts and loaded up to C, will fail by ratcheting (page 114).

The load capacity is calculated using eq. 4.10 page 101. The critical value of the maximum contact
pressure is limited by the steel surface for both material combinations. The only parameter that
matters in this equation is the effective E-modulus (eq. 4.2 page 98):

/ _ /
E steel-steel — 233 GPa Fsteel—steel _ (E steel—ceramic)z -1.36
E’ .=271GPa| F . E’
steel-ceramic steel-ceramic steel-steel

The contact stiffness is related to indentation (eq. 4.6 page 99), with the contact radius (eq. 4.5
page 99) and with the load (eq. 4.1 page 98):

This can be written as S(F):

(%)

~1 (E)lB - (ﬁ)lﬂ =2.224

s, F 10

The contact stiffness has increased by a factor 2.224. The fatigue life however will decrease
dramatically with this heavy preload, starting and running friction will also be higher and as a
consequence the bearing temperature will be higher. To eliminate running noise in ball bearings
an axial preload is advised of 0.01C (a mean contact pressure of 1 GPa).
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4.5)

4.6)

4.7)
a)

b)

4.8)
a)

b)

c)

4.9)

b)
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With a surface hardness of HRC50 the dynamic load rating will decrease from C to 0.5C. The
fatigue life will decrease with (1-0.6%)100% =78.4% (eq. 4.62 page 129).

From eq. 4.82 page 144 it follows that the maximum contact load is related to o,,,,’. This results
for the maximum driving torque:

N fu (0"-”""1 ) = 1400)2 =4
T2 Ft.2 H.lim2 700

Note that the Hertz equation for line contacts (eq. 4.26 page 108) would give the same result.

o

Substitution of the numerical data in eq. 4.14 page 103 gives HBW in 10’ MPa (30HB ~300MPa)

1 25 5 10 15 30 kN
d=0.6D 3 8 16 32 48 95HBW
d=0.24D 22 54 109 218 327 653HBW

Substitution of the numerical data in (eq. 4.10 page 101) gives:

steel - steel E'=233GPa F.=258N F/F.=116
steel - diamond E'=347GPa F.= 116N F/F=260

The hard metal ball flattens less and consequently has a smaller contact surface as a function of
the load.

With a steel ball it appears that F/F_< 200, indicating that the deformation is not fully plastic
(Figure 4.4 page 102). Because of the flattening of the steel balls these are unsuitable to
determine the hardness of hard objects (>450HBW).

The Hertzian load is limited by the yield strength of the rail guides. The Hertzian contact will be a
circular point contact with radius r since the roller diameter and the diameter of the rail guide are
the same. Substitution of p_ . =R ,, =1080 MPa and R’ =4 mm in (eq. 4.10 page 101) results in F,
=32 N. The maximum value of the payload becomes P =2 F_sin 30 =F_

It is shown in Figure 4.4 page 102 that the relation p,, ~ F% according Hertz holds reasonably
good up to p,, = H. Substitution of p_ = Hin (eq. 4.10 page 101) results in F,, = 860 N.

The contact area A =F,/H =0.265 mm®. With by approximation a circular contact the contact
width 2r =0.58 mm.

The weight of a silicon nitride ball is 60% less than that of a steel ball, resulting in a centrifugal
force that is 60% lower. The rotation speed could consequently be increased by a factor of w,/w,
=(1/0.6)"?=1.3 or 30%.

For steel-steel E'; = 230 GPa, for steel-silicon nitride it follows that £/, =272 GPa. The maximum
contact pressure is constrained by the less hard steel ring. For the load ratio of both material
combinations, it follows from (eq. 4.19 page 106) that: F, /F, = (E,/E',)*=0.7. This means the
maximum load for the steel-silicon nitride contact is 30% less.
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c) A 60% lower centrifugal force and a 30% lower load rating therefore means the advantage of the
lower density will be halved. The rotational speed can consequently be increased not by 30% for
ceramic balls but only by 15%.

d) Ceramic balls create a smaller contact surface and hence a lower resistance to rolling with less
heat development as a result. This positively affect the maximum rotational speed for hybrid ball
bearings, which would in total lie between 15% and 30% higher than for steel ball bearings.

4.10)

a) The maximum contact load of a line contact in pure rolling is given by eq. 4.24 page 108.
Substitution of p_=p,, .= (0.5/0.387)R ,,, R"=15 mm and E’ = 220 GPa gives F_= 8.1 kN.

b) For rolling with traction and F,,, /F => 1/9 the maximum shear stress occurs at the surface. From
Table 4.1 page 111 it follows with F,, /F = 0.3 that t,,, /p,,= 0.51. Substitution in eq 4.25 page
108 gives p,, . =0.5/0.51 R, and from eq. 4.10 page 101 that F_=4.7 kN. This means the
maximum normal force has decreased by 42%. The drive torque that can be applied is M =
0.3-F R=41.9 Nm.

4.11)

a) Consider eq. 4.77 page 142. Firstly, factors Z,,, Z; and Z, are determined. From (eq. 4.79 page
143) it follows that Z, = 1.9-10° Pa"? and Z,,= 2.495. To establish Z, (4.79), the necessary gear
dimensions must be determined first (eq. 4.75 page 142). For the contact ratio, it follows that
€=1.646 and for the contact ratio factor Z, = 0.886. The tangential force follows from T =Fd, /2,
this is F,= 14.3 kN. Substitution of the numerical data in (eq. 4.77 page 142) gives p,,,,= 0.8 GPa.

From Table 4.7 page 141 it follows for carburised and hardened steel that p,,,=1.3...1.5 GPa. It
means that the fatigue strength of the tooth flanks may be sufficient. The impact of imperfect
alignment, peak loads from the drive and other possible effects still have to be incorporated into
the calculation.

b) The relation between the limiting contact stress o, and the maximum tangential force is
presented in (eq. 4.82 page 144), i.e. o~ F,"*. Because T__ ~ F, it follows o, ~ T . "% With
Opim = 1.2:p,.. @ factor of safety for the driving torque would be 1.2> = 1.44.

4.12)
From eq. 4.10 page 101 it follows

F 1,14 E’
Ff =TA A=__ pm _ C1 F1/3 Cl _ _(_)2/3(_)2/3
p,, n3 R’
F.=1 F = Ypms_cpws b uz_cz
2 2
f c, F13 C, C, F13

The contact area A and F;= T A increases less than proportional with F.
The coefficient of friction is a constant when F; increases proportional with F.
For the spherical contact the coefficient of friction decreases with F.
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Problems Chapter 5

Problem 5.1: Self locking of metric thread and nut

Flange nuts are more resistant to vibration loosening. The wider effective
bearing area result with the same friction force in a larger torque needed for
self loosening. Sometimes the bearing surface is serrated to provide some extra
locking action. Various alternative locking mechanisms may be employed,;
adhesives, safety pins, nylon inserts. Lugnuts, tapered or spherical nuts are
applied to centre the nut accurately and to reduce the tendency for the nut to
loosen.

Fine threads have less tendency to loosen under vibration because of their
smaller helix angle. Calculate the minimum value of the coefficient of friction needed for a M10x1.5
thread and that of an M10x1 metric fine thread in order to ensure it is self-locking.

Problem 5.2: Torque controlled tightening

Calculate the percentage of the tightening torque needed
to overcome a) the friction in the threaded contact of an
M10x1.5 bolt, b) the head face contact and c) the
percentage needed to develop the clamping force.
Consider the coefficient of friction of u=0.15 and the
effective bearing diameter of the nut of d,=1.3d

Problem 5.3: Torque Angle controlled tightening

Torque-controlled tightening results in bolt force / clamping force deviations of + 20% due to variation on
the torque applied and the scatter on the coefficient of friction, despite special MoS, based lubricants are
used. Therefore more advanced combined torque/angle-controlled tightening methods are applied.

Angle control tightening is a procedure in which R, .
a fastener is pre-tightened by a so called snug
torque to eliminate play, and in a next step it is Roos Small bolt stress

further tightened by giving the nut an additional fluctuation of few %

controlled rotation.
— Angle control method

Gradient control method
Torque control method

Bolts are tightened beyond their yield point by Bolt
this method in order to ensure that a precise stress
preload is achieved. $

a) Calculate the bolt strain when tightened to

o, =R Snug tight

p0.2*

b) Calculate the bolt strain when tightened in
two steps, first snug tight to 25% of the yield
strength and then tightened with a 90 degrees
rotation angle. Consider M10-10.9 bolt and a
clamped material of L=5d.

Plastic regime

Bolt strain dL —=
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Problem 5.4: Friction loss in Bowden cables

Calculate the percentage of loss of actuation force over the bended
part of the Bowden cable shown in the figure below. Consider a
coefficient of friction in a lubricated steel-steel contact of u=0.15.

Problem 5.5: Wedge effect in belt pulley drives

Calculate the drive torque ratio T,/T,, where
T, is the is the torque that can be transmitted
when the belt is supported on the pulley wall
surfaces and T, is the torque when the belt is
supported on the groove bottom surface.
Consider a pulley groove angle of p=40°.

Problem 5.6: Jamming of a pistonin a
cylinder

Consider a piston moving in a cylinder, as represented in Figure 5.31 page 191. The piston has a
diameter D and a length L. If the load F, acts at the piston with a maximum eccentricity of e=D/2, how
long should the piston be to prevent it from jamming?

Problem 5.7: Stick slip motion

A mass of m=0.5 kg is pulled along a surface using a spring balance. The spring balance is moved with a
constant velocity of v=0.1 m/s. The motion exhibits a clear stick-slip behaviour. The reading of the spring
balance varies between 8 N and 14 N. The stiffness of the spring k =1 N/mm.

a) Calculate the ratio between the staticand ~— O o
dynamic coefficient of friction.

b) Calculate the amplitude of motion.

c) Calculate the frequency of motion.

d) Calculate the natural frequency of the mass spring system.

Problem 5.8: Stick slip motion

One of the options in a morphological matrix to fulfil the actuator function in a linear motion drive
system is a pneumatic cylinder. The friction between the piston seals and the cylinder typically results in
a friction as modelled in Figure 5.24 page 183.

The seal friction is highest in the static

position of the piston and falls down to a éé’ / _______ E | \ ___________________ X
very low level by elasto-hydrodynamic Z / i T

lubrication when the piston moves.
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Consider a pneumatic cylinder - spring system. The static friction between the piston and cylinder wall
can be expressed as a percentage of the piston force F_, = 10% F ... The piston is actuated by air
pressure. The air pressure is increased until the piston starts to move. When the piston starts to move
the friction falls down to approximate zero level. The piston will make a step forward. This process is
repeated.

Calculate the smallest possible step size in a step by step movement of the piston. Start from a position
in which there is equilibrium between the air pressure and the spring force (zero friction). In this position
F,=500 N. Next the air pressure is increased until the piston starts to move etc. The spring stiffness k=10
N/mm.

Problem 5.9: PV-value

Consider a polymer bearing with a PV-value of PV = 0.2 MPa ‘m/s. The shaft
diameter d=20 mm, the bearing width L=d, rotational speed n=477 rpm.

a) Calculate the load that this bearing can sustain.
b) Calculate power loss in this bearing at the moment of failure, assuming a
coefficient of friction u=0.2

Problem 5.10: Operating clearance

If a bearing bushing is press fitted in a metal housing a cumulation of machining tolerances resultin a
large variation of the bearing busing inside diameter. To ensure a positive clearance under the most
unfavourable conditions the minimum value of the operating clearance in generally is taken to be 0.5% of
the shaft diameter. The operating clearance is defined as the minimum clearance during operation.
Effects resulting in a decrease of clearance during operation are thermal dimensional changes and for
some polymers moisture-related dimensional changes.

Calculate the decrease of the bearing clearance [%] of a PA plain bearing busing with a shaft diameter of
d=12 mm and a wall thickness of t=3 mm. Consider a temperature increase of the polymer of dT=80
degrees and a linear expansion coefficient of PA of a=80 10 /K

Problem 5.11: Hysteresis error from friction in the drive spindle

In the figure below a linear motion axis of a milling machine is shown actuated by a servo motor. The
system accuracy suffers from the “Wind-up” of the lead screw. The “Wind-up” of drive shafts is defined
as the torsion angle. It is assumed that the displacement of the carriage is set by the rotation angle of a
stepper motor. The drive torque is present in one direction of motion.

Screw lengthL=1m '
Trapezoidal thread Tr12 x P3 |
Pitch diameter d, = 10.5 mm |
Shear modulus G = 80 GPa

Drive torque T, =26 Nm
Drive torque T, = 1.2 Ty, i —
v=0.1m/s
| —;—;—
L
Friction i L

a) Calculate the hysteresis error resulting from the friction in the drive spindle.
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b) Calculate the amplitude and frequency of the stick-slip movement assuming that the driving
torque is 20% higher by static friction, before the motion starts. The carriage is driven with v=0.1
m/s (Hint: Figure 5.25 page 183).

c) Calculate the displacement of the carriage by frictional heating in the nut-spindle interface. One
of the bearings in the motor drive is the locating bearing of the drive spindle. Consider a mean
value of temperature increase over the spindle of 10°C. The thermal expansion coefficient is
a=12 10° /K.

Problem 5.12: Hysteresis error from friction in the dovetail slide

In the figure below a linear motion axis of a milling machine is shown actuated by a servo motor. The
system accuracy suffers from the “friction in the dovetail slide” of the carriage and the resulting
hysteresis error. It is assumed that the displacement of the carriage is set by the rotation angle of a
stepper motor. The friction is present in both directions of motion.

Screw lengthL=1m '
Trapezoidal thread Tr12 x P3 |
Pitch diameter d, = 10.5 mm |
E modulus E =210 GPa
Coefficient of friction u=0.15
Normal load F = 2000 N [ [\

Friction / Friction

| I I

H=———— - H

a) Calculate the hysteresis error resulting from the friction in the dovetail slide.

b) Calculate the amplitude and frequency of the stick-slip movement that occurs if the coefficient of
friction varies between p.=0.25 and p,=0.1 and the sliding velocity v=0.1 m/s (Hint: Figure 5.25
page 183).

Problem 5.13: Hysteresis error from friction in a friction joint

Many work lamps use friction joints, so you can easily
direct the light where you want it. Consider a lamp arm S
with two legs of unequal length in the position as

illustrated. The friction joints should maintain a fixed 2
clamping for a load up to F=10 N and will slip when the

lamp arm is loaded with a higher load. Calculate the

hysteresis of this mechanism (virtual play, bidirectional). L2

Consider: Arm lengths L,=0.3 m and L,=0.3 m. The arms
are made of hollow steel pipes, E =210 GPa, D=10 mm
and d=8 mm. 1[
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Problem 5.14: Frictional heating of a disk brake

In order to save weight, pearlitic cast iron disk brakes could be replaced by aluminium disks. Aluminium
is also a better heat conductor than cast iron. With surface treatment, the aluminium can be made very
resistant to wear. A possible disadvantage is that the maximum allowable temperature of aluminium is
lower than that of cast iron. Examine the performance of an aluminium brake disk by answering the
following questions.

30

brake disk

V(t)

brake pad . tire

10

a) If the car comes to a stop from a driving speed of V,=100 km/h with a constant deceleration, the
braking distance appears to be S = 100 m (standard for cars). What is the deceleration before the
stop and how long will it take to stop?

b) The mass of the car is m = 1000 kg. What is the required friction coefficient u between the tires
and the road surface to prevent slip?

c) Approximately 80% of the braking energy is absorbed by the front wheels. Both front wheels are
equipped with a single brake disk and a brake pad on each side of the disk. The wheel diameter
is 0.6 m. The distance between the centre of the brake pad and the wheel centre is 0.1 m. The
friction coefficient between the brake disk and the brake pad is p=0.4. How great is the
pressure force on the brake pads?

d) What temperature does the brake disk reach when all friction energy is absorbed by the brake
disk? Consider both the cast iron and aluminium brake disks. The brake disk has a diameter of
300 mm and a thickness of 12 mm. For cast iron p = 7300 kg/m?, ¢ = 0.50 kJ/(kg K), k = 60 W/(m
K), T e = 1450 K, while for aluminium p = 2700 kg/m?, c = 0.88kJ/(kgK), k =237 W/(m K), T
932 K.

melt —

Note: Since braking only occurs for short periods, little heat will be dissipated through convection. The
brake disk absorbs much more heat than the pads, firstly because the contact surface of the brake disk is
much bigger (non-stationary contact) and also because it is a better conductor for heat than the pads.
For a first approximation, it is justifiable to assume that all heat goes into the disk.

Problem 5.15: Tire width Formula 1 - racing car

The first classical law of friction states: “The size of the contact surface does not influence the friction”.
Why, then, are tires for the Formula 1 racing cars so wide?

According to the “FIA Technical Commission”, the organisation that decides on the technical rules for
Formula 1, the front tires should not be wider than 355 mm (i.e. 14 inches) and the rear tires no wider
than 380 mm (15 inch).
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Problem 5.16: Acceleration of Formula 1 racing car *

A modern Formula 1 racing car manages approximately 1.5 km/liter (or 1 :1.5). To complete the Grand
Prix distance, it would need approximately 180 liters of fuel. Since the time gain from a lower mass
exceeds the disadvantage of a refuelling stop, the tank contents are much smaller. The weight of a car,
including a full tank and the driver, is approximately 600 kg. A Formula 1 car accelerates six to ten times
as quickly as a normal car. Acceleration of 0-100 km/h in 2 seconds, 0-160 km/h in 3.5 seconds and 0-
250 km/h in less than 6 seconds is typical. The top speed of an F1 racer is around 370 km/h. Accelerating
from 0-160 km/h and braking to a complete halt takes approximately 6.5 seconds. This means the car
speeds up and slows down at the same rate. What is the required friction coefficient between the tire
and the road surface to make this acceleration possible?

Problem 5.17: True or untrue?

1. Coulomb's friction law - if the load is doubled the friction is doubled - can be explained by the
elastic deformation in the micro contacts, i.e. in the real contact area. U

2. Coulombs friction law, that says that the friction in a dry sliding contact is independent of the
visible area, do not apply to polymers.

3. Coulombs friction law can be explained on the basis of plastic deformation in the roughness
summits, that transfer the load between two surfaces in dry sliding.

4. The Ra surface roughness sometimes called the Arithmetical mean or Centre Line Average is
independent of the length scale of the surface profile. For example, a surface profile described by
sin(x) and sin(2x) respectively would result in the same Ra-value.

5. In polymer-metal contacts the real contact area increases more than proportional with the load
which explains the larger friction coefficient at higher load. U

6. The real contact area is formed by the micro contacts between roughness peaks of the surfaces.
Friction in dry sliding or boundary lubricated contacts is a result of ploughing and adhesion forces
in these micro contacts.

7. Metallurgical compatible materials are sensitive to adhesion.

8. The ploughing component of friction in a steel-steel contact can be decreased by selecting both
materials of the same high hardness.

9. The adhesion component of friction can be decreased by applying a soft coating.

10. The backlash is defined as the virtual play that a mechanical structure exhibit when actuated by
reversed loading. U

11. Alloyed steel is generally beneficial in respect to have low friction, because it reduces surface
energy and at the same time increases hardness.

12. The friction in dry sliding polymer - metal contacts is independent on the sliding velocity. U

13. The static coefficient of friction is generally normative in clamping joints and interference fits,
explained by the stiffness of the clamped material which is in most cases smaller than the
stiffness of the structure. U

! Test Method for Friction Coefficient Measurements between tire and pavement using a variable slip
technique ASTM E 1859-97 and E 1844-96
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The flash temperature is defined as the contact temperature in the micro contacts formed
between interacting asperities.

In polymer - metal contacts the friction remains minimal when the polymer surface has a
roughness of around Ra=0.2 pum.

One of the measures to eliminate stick-slip in polymer - steel contacts is by making the steel
surfaces smoother (super finishing). U

The coefficient of friction between metals operating in vacuum environment is much higher than
in the regular atmosphere which can be explained by the adhesion component of friction.

The coefficient of friction is always smaller than u<1. U

The coefficient of friction in polymer metal contacts decreases with the contact pressure.

The friction force in polymer metal contacts decreases with the contact pressure. U

The friction force in polymer metal contacts increases with the contact pressure.

The friction force by ploughing is dependent on the radius of the asperities (roughness summits).
The friction force by ploughing can be decreased by super finishing techniques in which the
rounding of the asperities are enlarged.

The friction by ploughing is dominated by the roughness of the less harder surface when two
body’s of different hardness are in contact. U

Stainless steel fasteners are sensitive for adhesive wear by the very thin oxide layer on stainless
steel.

The friction in zinc plated fasteners is limited by the low shear strength of the zinc.

With a Brinell hardness of HB300 is the maximum contact pressure 300 kgf/mm2 = 3000 MPa
Friction in a hydrodynamic lubricated contact is a result of viscous shearing.

The backlash is defined as the geometric play that a mechanical structure exhibit when actuated
by reversed loading.
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Answers

5.1)  The thread is self-locking if p’ > ¢ where p’ = atan ( n/ cos(B/2) ), B = 60° and
¢=tan(P/mnd,),d,=d-0.649519 P.
P
cos(B/2) md,
Substitution of d = 10 mm, P = 1.5 mm gives p > 0.046, with P =1 mm then p > 0.029.
It can be concluded that fine threads are less susceptible to vibration loosening.

5.2)  Total friction

d, P
M =F,—tan[ atan( )+atan( F,
2 nd, cos(B/2) 2

uF,'_
- 49%

¢ Percentage head face friction:

d, u
Fi—tan[atan(m)]

M

 Percentage thread friction: =39%

d
Fi—ztan[ atan(i)]
2 nd,

* Percentage clamping: =12%
M
R 6
5.3) g = P02 _ 0.9100010° _ 0.43%
E, 210 10°
R o
g-Llp02 60 P _043%  ,e39 -0.04%
4 E, 360 3d 4
T. T.-T T,
54) —=ett - 2-1-2-1-e"-0376
T T T
5.5)
Fl=£ 1 Feo=20F, E
2sin(B/2) * a1
F sin(B/2
Frp =WF o SR/

5.6)  The system jams when u>% h/e. Substitution of h =L and e = D/2 gives u > L/D. This means that
with L/D > p the piston will not jam in the circumstances given.

5.7)

a) F — usF F - max min |J.$ — max 'J.d — Fmean _s_ Fmax —_ - _ 1.27

F )
b) AX=—"*_ ™ —6mm amplitude=%=3 mm
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c,d)

5.8)

5.9)

a)
b)
5.10)

5.11)

a)

b)

b)

5.13)

5.14)
a)

b)
c)

d)

Chapter 5 Friction phenomena in mechanical systems
=M=0065ec ———167H _f—i £=7.1Hz
1% T 2\ m
Fo
Figure 5.25 page 183: X, = ? =50mm X (1.1F))=55mm X -X ,=5mm

YA A-d® v-mdn v-05m/s F-=-160N
v
P=Fyv F=uF P=-16W

At=tadT=0.019mm Ad=2At Ad/d=0.32%

AM =220%26Nm =10.4Nm AX=220%0.13=0.052mm T =AX/v=19KkHz
Amplitude of motion is AX/2 = 0.026 mm

The same result can be found by considering the velocity in screw nut interface:
v. . =01m/s, P=3mm, n=v /P, n=2000rpm

carriage carriage

(d,/2)a0
Voo =y =11m/s, T=—2—— =1 -1 9kHz
v T
contact
AL = LaAT = 0.12 mm
Ff T 2 o
0=Z A=Zd d=10.5mm 0=3.465MPa dL=L—=0.016 mm s =2dL =0.033 mm
E
k=%-182106N/m AF =2P(p -p ) =600N AX—%—0033mm at=2X -1 _akm;
At
FL} ML,
61=E M=FL, &,= £l 6,=9,L; 6,,=6,+8, s5,=26,,
2 2
V.-V, Y
g=-1lt 0 00 o 3858 mfs?, t=7.2 sec
2 s a
F,=ma=3858N F=mg=9.81kN W=F, /F=0.393
0.8F F
Fop=——2  WF, =20 ¥l \04; F,_ =5787 N
2 Pd10 2 pad

E=%mV} =386k

castiron: M, i =pV=6.2kg Q=msch’1.fch=E dT =125K
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5.15)

5.16)

5.17)

aluminium: M s = pV=23kg Q= mq i cdT=E dT=191K
The aluminium brake disk proves to be warmer after braking once than the cast iron brake disk.
Furthermore the maximum allowable temperature of the aluminium is much lower. It means
that the heat conduction of the brake disk must be fully exploited for it to make aluminium a
suitable material for the purpose.

From further research with thermal network analysis and practical experiments it appears that
wheel bearings get substantially warmer due to the good heat conductivity of aluminium, which
makes them critical components. The carbon fibre brake disks used in Formula 1 can be loaded
up to 1000 degrees Celsius.

The classical friction laws apply to materials that undergo mainly plastic deformation in the
asperity summits. Polymers display a lower friction coefficient at a high nominal contact
pressure. A high friction force can consequently only be achieved with a large surface area.
Other advantages of a wide surface are that the wear is distributed over a larger area, heat
development per unit of surface is lower and the result is a larger heat-radiating surface.

In machine construction, where low friction is mostly considered desirable, high surface pressure
are desirable. For instance, halving the diameter of a shaft can double the surface pressure. If
the friction force was in proportion to p¥* the friction coefficient would be reduced to 63% of the
original value. The friction torque would consequently be reduced to 31.5% of its original value!

To arrive at V=100 km/h in t=2 seconds, an acceleration is needed of a=V/t=14m/s’. To this end a
traction force of F=ma is needed. The necessary traction coefficient follows from
u=F/F=ma/mg=1.4. The distance required to reach the speed is then only S=l4a t*=28m.

When accelerating and braking, the coureur experience an acceleration of approximately 1.4g.
When turning a corner at speed, drivers can only undergo up to 4g for a few seconds before they
become unconscious. Accelerations are limited by a prescribed maximum tire width with four
circumferential grooves. Wet weather tires also have axial grooves to dissipate water sideways.

True:2-3-4-6-7-8-9-11-14-15-17-18-19-21-22-23-25-26-27
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Problems Chapter 6

Problem 6.1: Service life of a lead screw

Consider a lead screw assembly that operates with a contact pressure in the threaded area of p =5 MPa.
The pitch diameter d,=10.5 mm. The stroke over which the nut is displaced is 20 times the nut height.
The number of loaded turns during service life is n=100 10° rev.

The specific wear rate of the bronze
nut and the spindle are k,,, = K ;i =
10 10™ m?/N. Calculate the increase of
backlash h [mm] in the screw-nut
interface of a trapezoidal lead screw

a) caused by wear of the bronze nut.

b) caused by wear of the spindle.

Problem 6.2: Investigation to hard wearing materials for knee replacements

In order to assess the wear performance of different materials of total knee replacements (TKR), a block
on ring test rig will be used. The ring is actuated in reciprocating motion.

a) Calculate the required test duration in hours.

The ring is made of steel, the block from ultra high weight molecular polyethylene (UHMWPE). The
density of UHMWPE is p = 945 kg/m’. A specific wear rate k=10-10"> m?/N of the PE block is expected. A
minimum wear of the polymer block of 0.1 gram is to be obtained to establish the wear rate. The contact
surface A=100 mm?, the surface pressure is p=2 MPa, the total sliding distance in one cycle is s,=30 mm
and n=2 cycles per second are made.

b) What temperature will the ring get when the frictional heating is to be transferred by convection only.

The coefficient of friction u=0.12, the heat convection coefficient of the rotating disc in free air h_= 80
W/ m?K and the effective heat convection surface area of the ring A=7 10> m°.
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Problem 6.3: Service life of a linear axis using plain bearings

A linear guide’s travel smoothness and tolerance variations are key concerns for machine designers. But,
the most important design factor is how well the guide resists deflection. Linear support rails in
combination with open design bearings are best suited to sustain heavy loads and to provide high
stiffness.

Linear plain bearings are the better choice
compared to linear ball bearings when the bearing
arrangement is subjected to heavy shock loads,
vibrations or high accelerations in the unloaded
state however, increased friction must be expected.

Calculate over what sliding distance s [km] the
bearing will wear down over h=0.1 mm. Consider a
mean value of the contact pressure of p =3 MPa
and the specific wear rate of k= 10> m?/N.
Consider good conformity between the plain
bearing and the linear support.

Problem 6.4: Service life disk brake

a) Calculate the service life of disk brake pads, expressed
in numbers of brake times. The contact area of the
q F brake pad is approached by a round disk with a
diameter of d=60mm located at centre distance
r=100mm, the thickness of the brake lining is
t=10mm, the specific wear rate k=50 10> m?/N (class
5), the normal force F=6000N, the wheel diameter
D=0.6m and the brake distance S=100 m.

wheel
o b) How much thinner will the brake disk worn down
) during the service life of the brake pads if the specific
L wear rate of the brake disk equals that of the brake
2z lining?

c) What is the perfect ratio of k,./k,, that makes that
the pad and disk are worn after the same sliding
distance if h ,/hg, =57
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Problem 6.5: True or untrue?

10.

11.
12.
13.
14.

15.

16.
17.

18.

19.

20.

Lapping is based on three body abrasion.
Metals with good metallurgical compatibility are less sensitive to adhesive wear.

In a polymer-steel contact under sliding the wear rate of the polymer will always exceed the wear
rate of the metal surface.

When lapping a hardened steel surface using a pearlitic cast iron disc and diamond powder in a
mixture of petrol and oil, the relative soft cast iron disc doesn't suffer from wear while the hard
steel surface becomes finished to a high polish.

Hard wear particles that abrade a sliding surface may originate from the slide surface itself.

Three body abrasive wear refers to erosion, which is the predominant wear mechanism in
sand-slurry pumps.

Carburizing of low carbon steels creates a beneficial non metallic surface character that makes
the steel less sensitive to adhesive wear.

Scuffing is a type of adhesive wear that typically occurs in dry sliding.

Accumulation of work piece material on the cutting edge of a tool can be characterized by galling,
a severe form of adhesion.

False Brinelling is a result of plastic deformation in concentrated contacts creating shallow
indents.

The dimension of the specific wear rate k is m*>/Nm = m?/N, the wear factor K is dimensionless.
The "stationary contact" is defined as the contact surface that is stationary with the load vector.
Scuffing, cold welding and galling are specific forms of adhesive wear.

A steel part can be made less sensitive to three body abrasion by making it from a lower grade
steel.

PTFE bearings are favourable over many other polymers because of the very low friction and high
wear resistance.

Fretting wear typically occurs by reciprocating motion such as in a piston - liner contact.

Adhesive, abrasive and corrosive wear are the three fundamental wear mechanisms in sliding
contacts. In rolling contacts surface fatigue is generally the predominant wear mechanism.

The main difference between surface grinding and super finishing techniques like polishing,
lapping and honing is that super finishing is limited to the smoothening of roughness summits.

The wear rate of metals subjected to abrasive wear is in a large range of operating conditions by
approximation inversely proportional to their hardness.

Materials that show relatively low friction have high wear resistance.
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Answers

6.1)
a) Sliding distance s =nd,n=33km h_

b) Sliding distance hsp =kpsA, /A

. =kps=0.165mm

=0.165/20 mm

indle spindle

6.2)
a) Substitution of F=pA and V=m/p in Archard’s equation (eq. 6.1 page 232) gives s=53 km, and
t=245 hours = 10.2 days.

b) Equating the frictional heating to the heat transfer by convection gives Q = F, v =h_A dT, where F,
= uF and v=n s, This results in Q=1.44 W and a temperature increase of dT=2.6°C. The mass
temperature is much lower than that of the human body and consequently the test frequency
can be increased.

6.3) h=kps =L=33km
kp

6.4)
a) h=kps, p=F/(n30), s=S/3; h=35102mm, 10/h=2827stops.

A, 2_ _30\2 A
b) v VN disk _ T[(100+30) T[(100 30) =133, h = pad h =0.75 mm
pad disk 2 disk A pad
pad n30 disk
alternative method: hu = kFs =0.75mm
A,
isk
c) F F
h o =K e S hyg=Kus S
pad disk

pad _ hpad Apad

kdisk hdisk Adisk

Braking is one of the biggest strengths of a Formula One car. The brake disks of Formula 1 cars are made
of a composite material reinforced with carbon fibre. The coefficient of friction between the pads and
the discs can be as much as 0.6 when the brakes are up to temperature. Steel brake disks are heavier
and would exhibit a higher wear rate at these high temperatures.

The temperature of an F1-brake disk varies between 400 and 1000°C. You can often see the brake discs
glowing during a race. If the racing driver hits the brakes full on before the brake disks have reached a
temperature of approximately 400 degrees, the disks could explode under the thermal stresses created.
These stresses are the result of large temperature gradients leading to expansion which causes large
stress gradients.

As the heat created in the modern Formula One brake disk is so high, there is a constant demand to find
more and more cooling. In 2001, Ferrari conceived an original way of dealing with the heat problem in
brakes. The brake-duct, conducting the slipstream wind along the brake disks, is equipped with a kind of
turbo. This is a rotor mounted on the wheel shaft, providing additional suction to get even more air into
the brake-duct. Thanks to the rotor, the brake-duct can be made smaller, benefiting the aerodynamics.
The other F1 teams have now copied the idea.
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In F1 the maximum dimensions of the brake disks are laid down in regulations. During qualification,
relatively thin and hence light brake disks are used because the cars only need to complete 12 laps. For
the race itself the thickest possible discs are fitted on the car. It means the incurred heat can be better
distributed over the brake disk material. During the race a sensor continuously measures the thickness
of the brake disks. The measurements will help the driver to know when he has to go easy on the brakes
to make it across the finishing line. A set of disks and pads costs as much as a compact car. For every
Grand Prix race each team reckons on using twenty sets of brake disks and pads per car.

6.4)
True:1-4-5-7-9-11-12- 13- 14- 17 - 18 - 19
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Problems Chapter 7

Problem 7.1: Design considerations plastic plain bearings

a) A designer is faced with a choice between a plain bearing with small shaft diameter in
combination with a long bushing or a larger shaft diameter in combination with a short bushing,
so that the projected contact area LD is the same for both bearings. Which considerations will
determine the choice?

b) In order to reach a higher PV-value, the designer selected a thin plastic bushing, increasing the
heat dissipation to the environment via the bushing. In experiments, the LPV-value turned out to
be smaller than anticipated. Explain this result.

c) Explain why a plastic bearing loaded with high p and low v exhibit a larger LPV-value than one
loaded with low p and high v.

Problem 7.2: Material selection metal plain bearings

One guideline for material selection of boundary lubricated metallic bearings is a high hardness ratio
between the two mating surfaces. Explain this measure.

Problem 7.3: Deep drawing

The tool life of a drawing die strongly depends on the lubricant used, the blank material and the surface
coating on the forming die.

During pressing operations, the punch and forming die J : punch

are continuously i