
Abstract
The development of the crankpin bearing in high output

aircraft piston engines is traced over the period 1915-1950 in
a large number of liquid and air cooled engines of both
American and European origin. The changes in bearing
dimensions are characterized as dimensionless ratios and
the resulting changes in the associated weights of rotating
and reciprocating parts as weight densities at the crankpin.
Bearing materials and developments are presented to indi-
cate how they accommodated increasing bearing loads.

Bearing loads are characterized by maximum unit bearing
pressure and minimum oil film thickness and plotted as a
function of time. Most of the data was obtained from the lit-
erature but some results were calculated by the author. A
technique for evaluating bearing loads is presented for both
in-line, V and W engines as well as radial engines of seven
and nine cylinders per row.

Among the results presented are comparisons of the
crankpin bearing loads in the Rolls-Royce Merlin and the
Allison V-1710 and the unique approaches taken by the
Bristol Aeroplane Company’s Engine division to solve some
of the design problems associated with crankpin bearings.

Preface
If a need for a device persists, its design inevitably

evolves. This evolution is driven by technology and the pur-
pose the device serves. Simple hand tools change to accom-
modate an improved understanding of how the human
body and the tool interact and to incorporate new materials
and manufacturing techniques. Buildings change under the
influence of new materials and advances in computer aided
design and computer aided fabrication techniques. Many
modern buildings would have been impractical prior to the
age of computers. The automobile is an excellent example of
a machine that has evolved to a level of global uniformity in
both design and technology. Fifty or sixty years ago an
automobile’s country of origin was obvious from its appear-
ance. British, French, German, Italian and American cars
were distinctive and easily identifiable. A 1960 Oldsmobile
could only have been American and a Citroen 2CV could
only have been French to anyone even remotely interested
in cars. Today one would be very hard pressed to define the
national characteristics of most mass produced automobiles.

The high output aircraft piston engine is a rather unique
example of a machine that, despite 40 years of intense
development, did not achieve an advanced state of evolu-
tion before being abruptly eclipsed by the gas turbine. It
had certainly not arrived at the kind of technical consensus
we see when we look under the hood of a long haul Diesel

powered truck. There you will invariably find a 6-cylinder,
4-stroke cycle, open chamber, turbocharged, aftercooled
engine with electronically controlled fuel injection. Gone are
the two-stroke cycle, divided combustion chambers, and the
many variants of mechanical injection systems found in
truck engines of the past.

At the end of the large piston engine era there was still a
broad spectrum of engine configurations being produced
and actively developed. Along with the major division
between liquid and air-cooled engines there was a turbo-
compounded engine, a four-row air-cooled radial engine,
engines with poppet valves and engines with sleeve valves,
all in production. There were also a two-stroke turbo-com-
pounded Diesel engine, a 2-stroke spark ignition sleeve
valve engine and engines with unusual cylinder arrange-
ments all under development, to mention only a few. This
plethora of options was largely due to difficulties in achiev-
ing with piston engines the power requirements of ever
larger aircraft.

The specific output of both air-cooled and liquid-cooled
aircraft engines increased from about one horsepower per
square inch of piston area to around seven or eight in the
period from WWI to the end of WWII. Despite this remark-
able increase in output the physical size of the engines did
not change much when corrected for bore size, and the
weight per cubic inch of displacement increased from
approximately 0.45 to 1.1, or less than a factor of three. This
accomplishment testifies to the intense effort that went into
all aspects of aircraft engine development. A short list of
critical areas that were addressed to reach this level of per-
formance could include the following:

• Producing durable exhaust valves
• Controlling crankshaft torsional vibration
• Designing efficient superchargers
• Sealing combustion chambers effectively
• Improving air-cooled cylinder cooling fins
• Improving bearing materials
This paper will focus on the evolution of the crankpin

bearing over the time period from 1915 to 1950. This
approach has the advantage of being amenable to a quanti-
tative description of the changes over time that are fairly
well described in the literature. Support for bearing research
and development by the U.S. government indicates how
important this aspect of aircraft engine development was.
Work on bearings began at McCook Field in the early 1920s
and continued there and at Wright Field. The National
Advisory Committee for Aeronautics (NACA) sponsored
analytical and experimental work on journal bearings until
well after WWII. That this work was crucial is demonstrat-
ed by the fact that all of the high output engines of the WWI
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era had unit crankpin bearing loads that exceeded the
capacity of the bearing materials and/or the fabrication
techniques available at that time. Without this large body of
work in the public realm this paper would have been very
difficult to write.

Present day motor vehicles are remarkably free of bearing
failures but this has not always been the case. As a teen-
ager interested in engines I learned how to distinguish
between a “rod rap” and a “main bearing thud” because
these were common problems one had to be aware of when
purchasing an old car. On the extremely rare occasions
when I do hear these sounds again I wonder at what kind
of abuse that engine must have suffered. Auto mechanics
will testify to the rarity of bearing failures not attributable
to some form of abuse (such as NASCAR racing). This was
not the case in the early days of aircraft engines. Bearing
problems were endemic and continued to be so for many
years. The absence of problems in today’s motor vehicles is
in good measure due to insights and materials developed
during the high output aircraft piston engine era.

Despite the large specific output increase, the ratio of bear-
ing projected area (length x diameter) to piston area
increased, on average, by only 15% for air-cooled engines
and actually decreased by about 8% for in-line V configura-
tions. This achievement was due to a better understanding
of hydrodynamic lubrication in journal bearings and a very
intense development effort in bearing materials, their
design and fabrication. Despite these advances, journal
bearings were not universally adopted. Rolling element
bearings were utilized in the main bearing positions in
many radial engines to the end of the era. One in-line V
engine, the Daimler-Benz DB601, used a rolling element
bearing in the crankpin position, another indication of
immature evolution.

This paper is concerned with how mean and maximum
unit bearing loads increased and how the bearing dimen-
sions and materials evolved to cope with them. I will not

get into the details of bearing chemistry and the very com-
plex techniques required to disperse critical additives into
the basic bearing material. The technique of bearing load
evaluation is not discussed in great detail since there are
many good references available. The information presented
here is arranged in a way that allows the reader to evaluate
the mean and maximum bearing loads for any in-line, V, or
W engine and any 7 or 9-cylinder radial engine with a
knowledge of the basic engine dimensions, the imep and
the reciprocating and rotating weights at each crankpin.

Mean and maximum bearing loads are presented for a sig-
nificant number of engines, both in-line, V, W and radial
engines from WWI to the end of the era of the high output
piston aircraft engine. The manner in which the bearing
dimensions changed with time and trends in various
parameters pertaining to hydrodynamic lubrication are also
presented.

Introduction
Figure 1 shows V and radial engine connecting rod

arrangements prevalent in the period under discussion. In-
line engines used the same arrangement prevalent today in
automotive practice. Some V and W configurations used the
radial engine’s articulated arrangement rather than the fork
and blade arrangement, but by the end of the piston engine
era most manufacturers used the arrangements shown in
Figure 1, Hispano–Suiza being a notable exception. From
this point onward, V, W, and in-line engines will be referred
to as in-line unless the discussion requires that the type be
specified.

Both the V- fork and blade connecting rod and the one
piece master rod of Figure 1 are later designs and represent
a high level of refinement. Many early radial engines had
split big-end master rods with one-piece crankshafts, and
this arrangement persisted in some engines until the end of
the era. Figure 1 also shows a typical arrangement of a split
master rod.
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It is important to note that in V engines the blade rod
loads are transmitted to the crankpin journal surface and
the blade rod journal bearing surface is on the outer diame-
ter of the crankpin bearing, which, in turn, is clamped in the
fork rod. This results in the blade journal operating in an
oscillatory motion similar to that of the wrist pin. Unlike the
crankpin bearing, neither of these bearings is completely
hydrodynamic. Similarly, the articulated rod bearings in the
radial configuration are not hydrodynamic and, in addition,
impose a bending moment on the master rod that is absent
in the fork and blade arrangement.

When journal bearings are utilized in the crankshaft main
bearing positions, they operate as fully hydrodynamic bear-
ings. The problem with using these bearings to characterize
the evolution of bearing loading is the difficulty in evaluat-
ing the loads since, in the case of in-line engines or multi-
row radials, loads are coming from adjacent cylinders or
rows of cylinders. In addition, the relative stiffness of the
crankshaft and the crankcase can allow bending and deflec-
tions that result in non-uniform loading of the bearing sur-
face. The presence of counterweights also adds to the com-
plexity. For these reasons and the fact that many radial
engines had rolling element bearings in the main bearing
positions, I have opted to use the crankpin bearing as the
characteristic bearing in the load path from cylinder pres-
sure to torque at the propeller.

In this analysis two variables will be used to characterize
bearing loads, the maximum unit bearing pressure and the
mean unit pressure as expressed in the Sommerfeld
Number, which characterizes the minimum oil film thick-
ness at the bearing. By unit pressure I mean the load on the
bearing divided by the projected area of the bearing (length
x diameter). Bearings that operate with cyclical loads per
revolution fail either due to fatigue of the bearing material
(high maximum unit pressure) or because the minimum
film thickness is less than required for hydrodynamic lubri-
cation, resulting in increased friction. The minimum film
thickness is influenced by the rotating speed and the mean
unit bearing pressures. For the purposes of this analysis I
am assuming that the minimum film thickness is a function
of the mean unit pressure and is little influenced by the
maximum unit pressure, which occurs very briefly. A com-
parison of this approach with an exact solution from
Reference 1 for the Wright R-1820 engine at 2,500 rpm and
245 psi imep gave good agreement.

It should be recognized that bearings often fail for other
reasons: high temperature due to inadequate oil flow, dirt,
misalignment, cavitation, etc. The representation I have cho-
sen to use here is a simplification of the actual situation in
an engine bearing but is a convenient way to compare the
bearing loads in a number of engines over an historical time
period, which is the purpose of this paper. It should also be
recognized that the maximum oil pressure in the film of a
hydrodynamically loaded bearing is much higher than the
mean or maximum unit pressures by as much as an order of
magnitude. The maximum load capacity of bearing

materials during the time period under consideration here
was expressed in terms of unit pressure. The minimum oil
film thickness below which bearing friction increases rapid-
ly was based on a minimum Sommerfeld number, which
varies inversely with mean unit bearing pressure, an accept-
able value being dependent on bearing material and the
detailed design of the bearing.

In what follows, we will examine how the crankpin design
evolved over time for both in-line and radial engines. This
will be characterized by the design ratios; crankpin diame-
ter to bore and length to crankpin bearing diameter. The
effective rotating mass at the crankpin to give the mean
inertia load on the bearing will also be presented.

Maximum bearing pressures will be shown for a number
of engines together with the accepted load capacities of the
bearing materials used throughout the period. A minimum
oil film thickness will be characterized for these engines
based on the mean bearing load.

The final section of this paper will present a technique for
evaluating mean and maximum bearing loads based on a
dimensional analysis technique developed by Shaw and
Macks (1) and expanded by the author to include in-line, V,
and W engines.

Trends in Bearing Design
Tables 1 and 2 show crankpin bearing dimensions and

weights of the reciprocating and rotating parts of the
engines evaluated in this paper. The sources of this data are
given in the tables. These tables also serve to define the
nomenclature used in the Figures that follow.

Figure 2 shows how the fundamental bearing dimensions
changed over time for in-line, V and W engine configura-
tions listed in Table 1. It should be noted that the dates
given in the tables, which are primarily from (2) and (3), are
for the year the engine was designed and do not necessarily
correspond to the dates on the Figures, which represent the
dates for which the data given was available. This will be
the case throughout this paper. While the fundamental
dimensions seldom changed, the weights of the reciprocat-
ing and rotating parts did change as did the imep and these
changes had an impact on bearing loads.

The points of interest in Figure 2 are:
• The wide range of design ratios in the WWI era and sub-

sequent convergence on a consensus value at the end of the
era.

• In the WWI era there appears to have been some con-
sensus as to what the bearing area should be but no agree-
ment as to the “correct” value of length to diameter ratio.
The large diameter bearings are short and vice-versa.

• The abrupt change in bearing area of the Curtiss V-1570
as compared to the D-12 and K-12. The effect of this rather
radical change will be discussed in the section devoted to
maximum bearing pressure.

• The Rolls-Royce Eagle 22 diverges dramatically because
sleeve valve porting increases cylinder spacing as compared
to poppet valve engines. See Ref. 32 Table 2.
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Table 1. In-Line, V, and W Engine Dimensions, Reciprocating and Rotating Weights



Figure 3 gives the same design ratios for the radial engines
listed in Table 2. The same convergence on a consensus evi-
dent in Figure 2 is present here as well and the lack of con-
sensus circa 1925 parallels the situation with in-line engines
circa 1916. For its time, the Armstrong-Siddeley Jaguar
seems to have struck the right balance

The trend to shorter bearings in both in-line and radial
engines was due to the following:

• A desire to minimize the effects of crankshaft and
crankcase deflections on bearing misalignment and conse-
quent bearing wear.

• Improved oil flow through the bearing without resorting
to excessive oil pressure.

• Reduced engine length.
• In the case of in-line engines the longer bearings necessi-

tated the use of four big end bolts, which increased the iner-
tia load on the bearing; both the Austro-Daimler and
Maybach engines of Table 1 had four bolt big-ends.

Figure 4 shows the weight density at the crankpin for in-
line and radial engines versus time. This weight, which
results in giving the mean inertia load at the crankpin, is a
function of the reciprocating and rotating weights and is
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Figure 2. Crankpin Dimension Ratios, In-Line, V and W Engines

1. Rolls-Royce Eagle 22 (sleeve valve)
2. Rolls-Royce Griffon
3. Rolls-Royce Merlin-130
4. Junkers-Jumo 211B
5. Allison V-1710
6. Rolls-Royce Kestrel
7. Curtiss V-1570
8. Curtiss D-12

9. Napier Lion
10. Hispano-Suiza 300
11. Curtiss K-12
12. Liberty 12
13. Rolls-Royce Eagle
14. Maybach
15. Austro-Daimler

1. Rolls-Royce Eagle 22 (sleeve valve)
2. Rolls-Royce Griffon
3. Rolls-Royce Merlin-130
4. Junkers-Jumo 211B
5. Allison V-1710
6. Rolls-Royce Kestrel
7. Curtiss V-1570
8. Curtiss D-12

9. Napier Lion
10. Hispano-Suiza 300
11. Curtiss K-12
12. Liberty 12
13. Rolls-Royce Eagle
14. Maybach
15. Austro-Daimler
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Figure 3. Crankpin Dimension Ratios, Radial Engines

1. Wright R-1820
2. Pratt & Whitney R-2800
3. Wright R-3350
4. Pratt & Whitney R-1830
5. Wright R-2600
6. Armstrong-Siddeley Jaguar V
7. Bristol Jupiter IV
8. Wright R-1750
9. Bristol Jupiter VIII

10. Armstrong-Siddeley Tiger
11. Armstrong-Siddeley Panther 
13. Bristol Jupiter VI
14. Pratt & Whitney R-1340
15. Pratt & Whitney R-1860
16. Bristol Pegasus
17. Bristol Hercules
18. Bristol Centaurus 661

1. Wright R-1820
2. Pratt & Whitney R-2800
3. Wright R-3350
4. Pratt & Whitney R-1830
5. Wright R-2600
6. Armstrong-Siddeley Jaguar V
7. Bristol Jupiter IV
8. Wright R-1750
9. Bristol Jupiter VIII

10. Armstrong-Siddeley Tiger
11. Armstrong-Siddeley Panther 
13. Bristol Jupiter VI
14. Pratt & Whitney R-1340
15. Pratt & Whitney R-1860
16. Bristol Pegasus
17. Bristol Hercules
18. Bristol Centaurus 661



defined in Figure 27. We see a wide spread in the weight
density in the early in-line engines and a gradual conver-
gence. I have shown the final weights for engines designed
much earlier but there is insufficient information to show
how these weights might have evolved over the time peri-
od. It is interesting to note that the Liberty 12 has the high-
est weight density while its crankpin diameter and bearing
length are in the mid-range of Figure 2.

Unlike in-line engines, which do not show much of an
increase in weight density with time, the radial engines do
show an increase. This can be traced back to Figure 3, where
the ratio of crankpin diameter to bore increased significant-
ly with time. Note that the ratio of the weight densities is
about a factor of 4, radial to in-line. As we shall see this
implies a much higher mean bearing load for radial engines
and is the reason the bearing area had to increase, leading
to larger crankpin diameters.

We can see the effect of the split master rod on the weight
density if we compare the Wright R-2600 (one-piece master
rod) and the Pratt & Whitney R-1830 (split master rod) in
Figure 4. Table 2 indicates about the same rotating weights
for these two engines despite the larger bore and crankpin
diameter of the R-2600, resulting in a weight/density ratio
about 22% higher for the R-1830. The same effect is seen in
the three Bristol Jupiter engines in Figure 4 (engines 7, 9 and
13). The Jupiter IV (engine 7) had a smaller crankpin diame-
ter and a split master rod (see Table 2) but was slightly
heavier than the other two.

It is evident that the earlier Bristol engines were designed
on the light side but became relatively heavier as Figure 4
clearly indicates. The weight of a Bristol Pegasus (model
unknown) piston was recently obtained through the R-RHT
(Bristol Branch) and its weight was about 63% of the Pratt &
Whitney R-2800 assembly. Reference 18 gives the weights of
Perseus XII and Hercules X piston assemblies ca.1943 and
they are 74% and 81% of the R-2800 assembly. The weights
of late model Hercules and Centaurus assemblies were pro-
vided by Brian Mills and they were 89% and 92%of the 
R-2800 weight. All four engines had 5.75” bores.

Bearing Materials 1915-1950
Early crankpin bearings were almost universally tin based

Babbitt (white metal) and were either poured directly into
the connecting rod or a bronze shell was used. Babbitt com-
position in the WWI era was typically 80% tin, 12% antimo-
ny and the remainder copper and lead. Modern tin based
Babbitt is closer to 90% tin with the remainder copper, anti-
mony and lead (S.A.E. 10, 11, 12).

The blade rod journal was the outer diameter of the
bronze shell. The thickness of the Babbitt on the inner diam-
eter of the shell (or directly on the rod) was typically exces-
sive and contributed to the poor fatigue life of the bearing.
The bronze shell apparently would become loose due to dif-
ferential expansion (Heron, 19). Since bronze has a higher
coefficient of expansion than steel, the shell must have
yielded to cause it to become loose. Aside from a Reference

by Heron to some bearings made by Bugatti for the Liberty
engine during WWI, which utilized a steel shell with a thin
layer of Babbitt on the inner diameter, it wasn’t until the
early 1920s that significant advances in bearing materials
and construction were made.

It is unclear where the idea for the steel backed bearing
originated in the U.S. Heron credits Gilman at Allison while
Whitney (20) credits Army Air Corp engineers who then
approached Allison for help. In any case, Allison developed
a bearing with a steel shell, a thin Babbitt lining and a bond-
ed copper-lead alloy on the outer diameter to serve as a
bearing surface for the blade rod. The copper-lead blade
bearing surface worked so well that it was adopted as the
inner bearing material as well, replacing the Babbitt. The
development of the manufacturing procedures for the new
bearings was largely due to Allison. This was a difficult
task, primarily to get the chemistry right and to get good
distribution of lead particles in the spongy copper matrix. A
representative copper-lead bearing toward the end of the
period under consideration here would have been 69% cop-
per, 30% lead and 1% silver on a steel backing. The cop-
per/lead was typically 0.03 ~ 0.04” thick (Reference 1).
Corrosion of the lead by acids in the lube oil was alleviated
by oil additives and the addition of small amounts of indi-
um to the bearing material.

The copper/lead bearing was satisfactory for many years
but by the mid 1930s the crankpin bearing loads in some
radial engines began to exceed their capacity. Hobbs of
Pratt & Whitney is credited with the next major advance in
bearing materials (Reference 21). Hobbs proposed silver and
lead as a bearing material, silver for its fatigue strength and
high thermal conductivity and lead for its resistance to scor-
ing and embeddability. Testing of the new material was
very successful but there were sporadic failures due to lead
corrosion. This problem was also solved by the addition of
indium. The final configuration, according to Reference 1,
was a 0.02 ~ 0.03” layer of silver electroplated to a soft steel
shell with a thin layer of lead 0.001 ~ 0.003” thick on the sil-
ver with indium at 4% by weight of the lead. This bearing
was used in both radial and in-line V engines during WWII.

It is obvious that creating these bearings was an art: get-
ting the proper chemistry, distributing the various materials
in each other and getting them to bond to each other and
the steel shell was a long and arduous process to which this
brief description does not do justice. When the bearing shell
is fitted to the connecting rod in the case of split big ends
the two halves of the bearing are not circular and are
deformed by the rod when clamped together so that there is
good contact between the shell and the connecting rod. It
also took a great deal of development to get interchangeable
bearings that did not require a finishing operation after
installation in the rod. Heron (19) claims that Pratt &
Whitney was the first to make interchangeable split bearing
shells and that this was achieved by “being distorted in the
boring fixture so that they were neither parallel nor round
when removed from the fixture. This was done so that

Aircraft Engine Historical Society www.enginehistory.org 8



when the bearing was under load and clamped in the split
master rod, the bearing showed no high spots under load.”
With only 0.001 ~ 0.003” of lead on the surface of the sil-
ver/lead bearing any final sizing of the bearing clearance
after installation would be very difficult.

Maximum Unit Bearing Pressures
Maximum unit bearing pressures versus time for in-line,

V, W, and radial engines are shown in Figure 5. The nomi-
nal fatigue strength of the various bearing materials is also
shown. These fatigue strengths are a function of their oper-
ating temperature, in this case 300° F (1).

Tables 3 and 4 give the engine ratings for these points and
the bearing loads corresponding to the unit pressures. The
source of the data is also given in the tables. It should be
kept in mind that these pressures are at the max power or
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Figure 4. Weight Density at Crankpin versus Time

2. Rolls-Royce Griffon
3. Rolls-Royce Merlin-130
4. Junkers-Jumo 211B
5.  Allison V-1710
6. Rolls-Royce Kestrel

12. Liberty 12
13. Rolls-Royce Eagle
14. Maybach
15. Austro-Daimler

7. Curtiss V-1570
8. Curtiss D-12
9. Napier Lion
10. Hispano-Suiza  300 
11. Curtiss K-12

1. Wright R-1820
2. Pratt & Whitney R-2800
3. Wright R-3350
4. Pratt & Whitney R-1830
5. Wright R-2600
6. Armstrong-Siddeley Jaguar V
7. Bristol Jupiter IV
8. Wright R-1750

9. Bristol Jupiter VIII
10. Armstrong-Siddeley Tiger
11. Armstrong-Siddeley Panther
13. Bristol Jupiter VI
14. Pratt & Whitney R-1340
15. Pratt & Whitney R-1860
18. Bristol Centaurus 661

* =- 3 cyls per crankpin
** = 1 cyl. per crankpin
#14 has cast iron pistons. All remaining engines have two cylinders

per crankpin and aluminum pistons.
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take-off rating of the engine and may not represent the actu-
al maximum load encountered in service. The silver-lead-
indium bearing was developed by Pratt & Whitney for the
R-1830, which, according to Figure 5, should have been
quite happy with a copper-lead bearing. Reference 21 indi-
cates that the bearing was failing in an over speed situation
in military applications. I would like to emphasize that this
representation should be taken as an indication of how
maximum bearing loads evolved and not as an indication of
the likelihood of an engine bearing failure.

Engine designers did use the maximum unit pressure as a
design guide in the time frame we are considering here and
they also used the “PV” or rubbing factor that was sup-
posed to be an indicator of the maximum bearing tempera-
ture. It was defined as the mean unit bearing pressure mul-
tiplied by the peripheral journal speed, which gives it the
units of ft-lb/in²/sec. Shaw and Macks (1) have shown the

rubbing factor to be relatively meaningless as a measure of
the thermal loading on a bearing so I have not included it in
this analysis. They have presented a more rigorous tech-
nique for evaluating temperature limited operation but
insufficient data for the engines under consideration here
make this type of evaluation impractical.

Figure 5 makes it clear that most engines prior to 1930 had
maximum power ratings that resulted in bearing pressures
beyond the fatigue strength of tin based Babbitt. Here again
the Curtiss V-1570 stands out as being well outside the
range of the other in-line and V engines. You will recall
from Figure 2 that its crankpin diameter and effective bear-
ing length relative to its bore were significantly less than
other engines of that period and that is reflected here in
high bearing pressures. It appears from the record that the
V-1570 had significant bearing problems through most of its
life.
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Table 4. Radial Engine Ratings and Bearing Loads
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C. F. Taylor (29) reported in March, 1927 in a visit, pre-
sumably as a consultant, to the Curtiss Co. that a GV-1550
engine was equipped with steel backed Babbitt bearings.
Later Memorandum Reports from the Material Division at
Wright Field indicate that in 1929 the main and master rod
bearings were not “capable of sustained full throttle opera-
tion at 2,400 rpm”. Copper-lead bearings were apparently
introduced in 1929 but problems continued. A report from
1934 deemed a test successful after observing average
crankpin bearing wear of 0.0012” in ten hours of operation
and two bearings that had “commenced to flow slightly”
and a third that was “slightly burned”.

The Curtiss D-12 was operating with Babbitt bearings in
this period and could apparently withstand over-speeds to
3,500 rpm in power dives without significant bearing dis-
tress. Prescott and Poole (4) have estimated the bearing
pressure at 1,837 psi under those conditions, which is still
below the V-1570 value of Figure 5.

It is interesting that here again the Armstrong-Siddeley
Jaguar was in about the right place for the time.

Mean Unit Bearing Pressures
The mean unit bearing pressures influence the other vari-

able that is of interest, i.e. the minimum oil film thickness at
which the bearing loses the ability to support its load
hydrodynamically and friction increases rapidly. The meas-
ure of this phenomenon is the Sommerfeld number (So). The
typical relationship between a bearing’s coefficient of fric-
tion and So is shown in Figure 6. The So is a bearing’s equiv-
alent to the Reynolds number. The parameters in the
Sommerfeld number are defined in Figure 27. It should be
noted that it varies inversely with the mean unit pressure
and directly with journal speed and the lubricating oil vis-
cosity. Referring to Figure 6, as the speed decreases and/or
the mean unit bearing pressure increases the So number
reaches a point where the friction coefficient begins to
increase rather than decrease. When this occurs more heat is
generated and the temperature of the lube oil increases
causing its viscosity to decrease, which pushes the So even
further to the left (Fig. 6), increasing the friction even more
until the bearing fails or the oil supply is increased.

Tables 3 and 4 show the values of oil temperature and vis-
cosity used to calculate the Sommerfeld Number. References
25, 26, 27 and 28 were the primary sources for these num-
bers. In general, the oil temperature to the bearings follows
a straight line trend from about 120° F in 1918 to 185° F in
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Figure 6 Journal Bearing Friction Coefficient versus Sommerfeld Number



1955. Castor oil is used where appropriate and is noted in
the tables. Its viscosity is in the vicinity of an SAE 40. Later
U.S.A. oils were in the SAE 50-60 range as were the later
Bristol specifications.

The value of So at which the transition from hydrodynam-
ic lubrication to partial film lubrication occurs is a function
of the bearing material and the detailed design of the bear-
ing. In general, any interruptions in the bearing surface
where there are high oil film pressures will cause the transi-
tion point to move to the right in Figure 6. Grooves allow
higher oil flow at the expense of lower bearing load capaci-
ty. If grooves are used to increase oil flow they should be
axial rather than circumferential and should be in a lightly
loaded area in the journal ( more on this in Crankpin
Bearing Lubrication section). With regard to the effect of
bearing material, Reference 1 gives minimum values of So

for tin-base Babbitt at 0.050, copper-lead at 0.009 and silver-
lead-indium at 0.005.

Figure 7 shows how the Sommerfeld Number changed
with time for various in-line and radial engines. Note that

the lowest values in the 1950-55 era are well above the lim-
its given above with the possible exception of tin based
Babbitt, which indicates that the early bearing failures must
have been primarily fatigue failures, wear due to misalign-
ment, and inadequate lubrication rather than an inadequate
Sommerfeld number.

The eccentricity ratio is defined in Figure 8. In order to cal-
culate an eccentricity ratio for an engine crankpin bearing I
am making the assumption that the mean load is controlling
and that a reasonable value can be obtained by using test
results for bearings with constant loads, in this case from
NACA work at Cornell University (24). I have compared
this approach with the results of an analysis that utilized
the actual dynamic loading for the Wright R-1820 engine at
2,500 rpm and 245 psi imep. The value obtained for eccen-
tricity ratio was 0.88 (Burwell, reported in (1)). With my
approach the value obtained was 0.86. Since we are looking
at trends over time, I have concluded that this approach is
justified.
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Figure 7: Sommerfeld Number versus Time, Various Engines

Radial  Engines
1. Wright R-1820
2. Pratt & Whitney R-2800
3. Wright R-3350
4. Pratt & Whitney R-1830
5. Wright R-2600
6. Armstrong-Siddeley Jaguar V
7. Bristol Jupiter IV
8. Wright R-1750
9. Bristol Jupiter VIII
10. Armstrong-Siddeley Tiger
11. Armstrong-Siddeley Panther 
13. Bristol Jupiter VI
14. Pratt & Whitney R-1340
15. Pratt & Whitney R-1860
18. Bristol Centaurus 661

In-Line, V, and W Engines
2. Rolls-Royce Griffon
3. Rolls-Royce Merlin 130
4. Junkers-Jumo 211B
5. Allison V-1710
6. Rolls-Royce Kestrel
7. Curtiss V-1570
8. Curtiss D-12
9. Napier Lion
10. Hispano-Suiza 300 
11. Curtiss K-12
12. Liberty 12
13. Rolls-Royce Eagle
14. Maybach
15. Austro-Daimler



The relationship between the eccentricity ratio and the
minimum film thickness is shown on Figure 8 and the mini-
mum film thickness versus time for the engines is shown in
Figure 9. It should be noted that, due to a lack of data on
bearing clearances, I have assumed a constant ratio of bear-
ing diameter to diametral clearance as given on Figure 27.

Comparing Figures 5 and 7 we see that, while the maxi-
mum unit bearing pressures are in the same range for the
in-line V and radial engines (4,000 ~ 5,000 psi), the
Sommerfeld numbers are lower for the radial engines by a
factor of 4 or 5. This is because the mean unit bearing pres-
sures are much higher for the radial engines (see Tables 3
and 4), and I have assumed significantly higher bearing
clearances for the radial engines. If the clearance assump-
tion were the same for the in-line V and radial engines the
Sommerfeld number would still be half the value of that of
the in-line Vs or the radials.

It is probably safe to say that the radial engine was push-
ing bearing technology harder than the in-line V engines
from WWII to the end of the era.

Bearing Load Evaluation
Assumptions

In order to calculate bearing loads one must have the pres-
sure and inertia loads as a function of crankshaft angle. This

requires knowing the rotating and reciprocating weights of
the moving parts and constructing a pressure-crank angle
diagram for the speed and power condition being evaluat-
ed. This technique was well established and will not be
repeated here in any great detail. The assumptions general-
ly made are as follows:

The imep used to construct the P-V diagram is usually
assumed to be 90% of the fuel-air cycle value. The actual
peak firing pressure is assumed to be 75% of the fuel-air
cycle firing pressure and occurs at 20° after top dead center.
It should be noted that the bearing loads given in this paper
are from a wide variety of sources over a broad time period.
The methods of developing a fuel-air cycle have varied over
the time period under consideration here but I have found
remarkably good agreement when I have checked my
approach against older data. The bearing loads reported in
the literature do not usually give the imep, only the brake
horsepower and speed and so I have had to estimate the
imep using engine friction data and supercharger perform-
ance where applicable. I have used Reference 30 to con-
struct fuel-air cycles.

With regard to the kinematics and dynamics of the con-
necting rods, the effects of the articulated motion on the
inertia loading is usually ignored and assumed to behave
like a normal rod attached to the crankpin. The pressure
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Figure 8. Crankpin Journal Eccentricity Ratio versus Time, Various Engines

Radial Engines
1. Wright R-1820
2. Pratt & Whitney R-2800
3. Wright R-3350
4. Pratt & Whitney R-1830
5. Wright R-2600
6. Armstrong-Siddeley Jaguar V
7. Bristol Jupiter IV
8. Wright R-1750
9. Bristol Jupiter VIII
10. Armstrong-Siddeley Tiger
11. Armstrong-Siddeley Panther
13. Bristol Jupiter VI
14. Pratt & Whitney R-1340
15. Pratt & Whitney R-1860
18. Bristol Centaurus 661

In-Line, V, and W Engines
2. Rolls-Royce Griffon
3. Rolls-Royce Merlin 130
4. Junkers-Jumo 211B
5. Allison V-1710
6. Rolls-Royce Kestrel
7. Curtiss V-1570
8. Curtiss D-12
9. Napier Lion
10. Hispano-Suiza 300 
11. Curtiss K-12 
12. Liberty 12
13. Rolls-Royce Eagle
14. Maybach
15. Austro-Daimler



load on articulated rods is assumed to act on the crankpin
directly. The in-line connecting rod, master rod and articu-
lated rods are treated as two masses, one reciprocating and
one rotating rather than as a solid body with a moment of
inertia. Reference 1 looks at these assumptions and shows
that they are justified.

Bearing Load Analysis- In-line Engines
The use of dimensional analysis to generalize the applica-

bility of bearing analyses appears to have been initiated at
the NACA and is summarized in (1). The usual dimension-
less groups are formed with the result that, for a specific
engine, the bearing load can be represented by

W/imep = function of (N2/imep, crank angle)
(see Tables1-4 for nomenclature)

Allison V-1710 analysis results using this expression are
shown in Figure 10. The maximum load is seen to occur at

crank angles of 20°, 120°, and 680°, depending on the value
of N2/imep. In the 20° portion pressure forces dominate
while in the 120° portion both inertia and pressure forces
are in play and at 680° inertia forces are controlling. Thus,
with this approach an entire map can be generated with rel-
atively few calculations.

Such a map showing imep versus engine speed is shown
in Figure 11. Lines of constant bearing load and constant
indicated horsepower are shown. To minimize the maxi-
mum bearing load at, for example, 1,800 indicated horse-
power, one would operate the engine at about 3,000 rpm
and an imep of 280 psi.

The dimensional analysis approach also works for the
mean bearing load; Allison engine results are shown in
Figure 12. Results for the entire engine operating range
were obtained by analyzing seven conditions, but two
would have sufficed since the result is a straight line.
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Figure 9. Minimum Bearing Oil Film Thickness versus Time, Various Engines

Radial Engines
1. Wright R-1820
2. Pratt & Whitney R-2800
3. Wright R-3350
4. Pratt & Whitney R-1830
5. Wright R-2600
6. Armstrong-Siddeley Jaguar V
7. Bristol Jupiter IV
8. Wright R-1750
9. Bristol Jupiter VIII
10. Armstrong-Siddeley Tiger
11. Armstrong-Siddeley Panther
13. Bristol Jupiter VI
14. Pratt & Whitney R-1340
15. Pratt & Whitney R-1860
18. Bristol Centaurus 661

In-Line, V, and W Engines
2.Rolls-Royce Griffon
3. Rolls-Royce Merlin 130
4. Junkers-Jumo 211B
5. Allison V-1710
6. Rolls-Royce Kestrel
7. Curtiss V-1570
8. Curtiss D-12
9. Napier Lion
10. Hispano-Suiza 300
11. Curtiss K-12
12. Liberty 12
13. Rolls-Royce Eagle
14. Maybach
15. Austro-Daimler
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Figure 10. Maximum Bearing Load (W/imep) versus Engine Speed (N2/imep), Allison V-1710
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Figure 11. Indicated Mean Effective Pressure versus Engine Speed
with Lines of Constant Maximum Bearing Load and Indicated Horsepower, Allison V-1710



This is an excellent demonstration of the power of dimen-
sional analysis, which one hopes will not be lost to engi-
neers in the era of high speed computers.

Prescott and Poole (4) attempted to formulate a method
for evaluating crankpin bearing loads using empirically
derived constants. For the mean bearing inertia load they
defined an effective weight that was equal to the rotating
weight at the crankpin plus a constant, K , multiplied by the
reciprocating weight (this is the effective weight I have used
in Figure 4). They defined similar constants to be multiplied
by the piston area and bmep to arrive at the gas pressure
component and maximum crankpin force. In their later
work, Shaw and Macks (1) found this kind of approach to
be less than satisfactory because “no simple approach has
been found by which a change in the magnitude of the
reciprocating and rotating weights may be taken into con-
sideration by dimensional analysis”.

I have attempted to generalize the in-line engine bearing
loads by combining the approaches of Prescott and Poole
with the dimensional analysis technique as defined by Shaw
and Macks. Figure 13 shows a dimensionless mean bearing

load (defined on Figure 27) plotted against a dimensionless
mean inertia load. The resulting linearity of this plot seems
to justify this approach, at least with regard to the mean
bearing load. Given the wide variety of the sources and
engine geometries, I was quite surprised by this result. The
reader will note that I have used the same expression as
Prescott and Poole to define the equivalent mass to give the
mean inertia load. Figure 14 shows how the constant, K,
was arrived at for the various engines. K is plotted versus
the ratio of reciprocating to rotating weights. The solid line
applies to one reciprocating mass per crankpin and shows
good agreement with the three engines for which I calculat-
ed the result. I also made the calculation for a hypothetical
opposed piston engine with the same weight ratio as the
Allison V-1710 and found that, as one would expect, it gave
a similar result as one reciprocating weight per crankpin. I
am not certain why there is a significant difference between
the K values for the Liberty 12 and the Curtiss V-1570, and
the four very different engines with K values of 0.54. The
weight ratio is somewhat less for those two engines and
perhaps the K value starts to approach the one weight per
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Figure 12. Mean Bearing Load (    /imep) versus Engine Speed (N²/imep)



crankpin result as its value approaches one. It will be
recalled that the Maybach engine had cast iron pistons and
that is the reason for its position on the far right of the
curve in Figure 14.

The two Figures, 13 and 14, make it possible to estimate
the mean bearing load for any in-line engine if the weights
and imep are known. I have used this approach to get the
loads for the Merlin 130, the Junkers Jumo 211B and the
Rolls-Royce Griffon as shown in Table 3. The maximum
load for any in-line engine is fairly easy to calculate since, as
Figure 10 shows, the peak load occurs at either 20° or 120°
after top dead center of the leading cylinder in the direction

of rotation for 60° bank angles (135° for 45° bank angle).
A dimensionless maximum bearing load for in-line

engines is shown in Figure 15. Here the spread in the results
is significantly greater than for the mean loads of Figure 13.
The reasons for this are as follows:

The compression ratios of these engines are different and
while the compression ratio has a minimal effect on mean
bearing load, it does have a strong influence on the maxi-
mum load.
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Figure 14. K, the Constant for Evaluating the Effective Mass per Crankpin
to Give the Mean Inertia Load versus the Ratio of Reciprocating to Rotating Weight per Crankpin

5. Allison V-1710
6. Rolls-Royce Kestrel
7. Curtiss V-1570
8. Curtiss D-12
9. Napier Lion
10. Hispano-Suiza 300
11. Curtiss K-12
12. Liberty 12
13. Rolls-Royce Eagle
14. Maybach
15. Austro-Daimler
See Table 3

Figure 13. Dimensionless Mean Crankpin Bearing Load versus Dimensionless Mean Inertia Load, In-Line, V, and W Engines



Since the data in Figure 15 come from many sources over
a wide time span, there may be significant differences in
assumptions about peak firing pressures and cylinder pres-
sure at 120° after top center.

I calculated the maximum loads for engines 2, 3, 4, 5, and
15 and there is much less scatter if one draws a straight line
through these four points.

An alternate way of showing the maximum bearing pres-
sure is given in Figure 16. Here the maximum load is shown
in the ordinate as a ratio of dimensionless maximum to

mean bearing load versus the dimensionless mean inertia
load. I have also shown a dashed curve representing the
results for the Allison V-1710 from (10). Here again the com-
pression ratio effect is evident. The only engine with a high-
er compression ratio than the Allison is the Jumo at 7:1 (see
Table 1 for the compression ratios), and it falls on the
Allison line. The Rolls-Royce Merlin, Kestrel and Griffon all
had compression ratios of 6:1, and both fall on or near a
parallel curve, which is a best fit for the data.
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Figure 16. Ratio of Maximum to Mean Crankpin Bearing Load versus Dimensionless Mean Inertia Load, In-Line, V, and W Engines

Figure 15. Dimensionless Maximum Crank Pin Bearing Load versus Dimensionless Mean Inertia Load, In-Line, V, and W Engines

2. Rolls-Royce Griffon
3. Rolls-Royce Merlin 130
4. Junkers-Jumo 211B
5. Allison V-1710
6. Rolls-Royce Kestrel
7. Curtiss V-1570
8. Curtiss D-12
9. Napier Lion
10. Hispano-Suiza 300
11. Curtiss K-12
12. Liberty 12
13. Rolls-Royce Eagle
14. Maybach
15. Austro-Daimler

- - - - - Based on Analysis
in Ref. 1 for Allison
V-1710, r = 6.65

2. Rolls-Royce Griffon
3. Rolls-Royce Merlin 130
4. Junkers-Jumo 211B
5. Allison V-1710
6. Rolls-Royce Kestrel

12. Liberty 12
13. Rolls-Royce Eagle
14. Maybach
15. Austro-Daimler

7. Curtiss V-1570
8. Curtiss D-12
9. Napier Lion
10. Hispano-Suiza 300
11. Curtiss K-12
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Figure 17. Maximum Bearing Load (W/imep) versus Engine Speed (N²/imep), Wright R-1820



Bearing Load Analysis- Radial Engines
With the radial engines I have followed the method of

Shaw and Macks as described in Reference 11. Again,
dimensional analysis is used and the same groups are used
as were used for in-line engines. The result for nine cylin-
ders per row is shown in Figure 17. The peak bearing load
occurs at either a 20° or 50° crank angle.

A relationship exists for the radial engine that simplifies
the analysis required to get the magnitude and direction of
the crankpin bearing load. The following expression was
first presented by Prescott and Poole (4) without derivation.

Shaw and Macks verified its accuracy for five, seven, and
nine cylinders; it does not work for three cylinder radials.

This equation represents the resultant inertia force vector
from all of the rotating and reciprocating inertias and acts
along the crank axis and rotates with it. The portion of this
equation that involves the two masses, reciprocating and
rotating, gives the effective mass, Me, that results in the
mean inertia load.

Figure 18 is a polar diagram for the Wright R-1820 at 2,500
rpm and 245 psi imep. The outer circle in Figure 18 is the
resultant inertia force given by the equation above. The
inner circle is the rotating inertia only, represented by the
vector OA at a 20° crank angle. The vectors labeled 1-9 are
the resultant gas and inertia vectors for the nine cylinders
and, when added to OA, give the resultant bearing load
vector OD. The calculation is simplified if the total inertia
vector OB is added to the individual cylinder pressure loads
only, giving the vector OC in Figure 18. When this vector is
moved to a parallel position with its tail connected to the
head of OB it results in the same final vector, OD. Note that
only about 80° of crank angle need be analyzed because the
load pattern repeats itself beyond that interval. Figure 20
gives the resultant load direction relative to the engine axis
but this can be changed by a suitable transformation of
coordinates to give the magnitude and direction relative to
the crank axis or the master rod axis, depending on what
you are trying to do. Caution is required in interpreting
Figure 18 because the crank angle is noted on the load
curves and not on the outer diameter of the inertia circle.
Thus the peak load occurs at 50°, 130° etc. The angles given
on the outer circle refer to the direction of the load vector
with respect to the engine axis.

The existence of the expression for the total inertia force
given above makes possible a simpler presentation of the
results since the dimensional analysis approach makes the
solution valid for all radial engines with nine cylinders per
row. By confining their results to the not really dimension-
less N2/imep, Shaw and Macks have made the evaluation
of the effect of changes in dimensions and weights unneces-
sarily complicated. If N2/imep is made truly dimensionless

by using the inertia force from the above equation and
dividing it by the bore squared and imep, a simple single
line is generated that applies to all nine cylinder per row
engines with a compression ratio of 6.7:1.

Figure 19 shows such a plot together with a similar plot
for seven cylinders per crankpin based on a similar analysis
by Shaw and Macks. The dimensionless groups defined in
this Figure make it very simple to evaluate changes in
weights, dimensions, imep and engine speed. Engines 10
and 13 in Figure 19 had bearing loads given in (5) that
exceeded the resultant total inertia load, which, looking at
Figure 18, is clearly impossible. By taking the resultant iner-
tia forces for those two engines and the ratio of maximum
inertia load to maximum bearing load at the equivalent con-
dition for the R-1820, I was able to get the reasonable look-
ing results for those two engines shown in Figures 19 & 20.

Figure 20 shows the dimensionless mean bearing load as a
function of the dimensionless inertia load for both seven
and nine cylinders per crankpin. In both this figure and
Figure 19, the agreement between the reported numbers
from a wide variety of sources and the results of the dimen-
sional analysis is good given the same caveats as discussed
under the in-line engine results. Here the differences in
compression ratio show up as higher loading for the earlier
engines with lower compression ratios. A glance at Figure
18 will explain this phenomenon. The firing pressure loads
are counteracting the total inertia load, represented by the
outer circle in Figure 18.

Results
In this section of the paper I will present some additional

findings pertaining to the subject of crankpin bearings not
covered in the material presented so far. I feel that the read-
er may have a better appreciation for some of this material
after having looked over the main body of work, so rather
than try to inject it at various points in the narrative I am
placing it at the end, like the concert pianist who saves the
flashy stuff for the encores.

Since there always is an interest in comparing and con-
trasting the Rolls-Royce Merlin and the Allison V-1710, I
have prepared Table 5 comparing the maximum and mean
crankpin bearing loads and unit pressures for these two
engines. I have done this at the same operating conditions
of rpm (and piston speed since the strokes are the same)
and imep. The brake horsepower for the V-1710 is a little
higher because of its larger displacement. At the standard
compression ratios of these two engines the maximum bear-
ing pressures are nearly the same since the crankpin dimen-
sions of the V-1710 are larger (see Table 1). The mean bear-
ing load of the V-1710 is higher due to its greater reciprocat-
ing and rotating weights. When the V-1710’s compression
ratio is reduced to 6 :1 its maximum bearing pressure is 90%
of the Merlin’s. Mean bearing loads are not affected by the
change in compression ratio.

In order to compare the effect on the crankpin bearing
loads of the number of cylinders of a radial engine I have
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prepared Table 6. I have used the basic dimensions of the
Wright R-1820 so the comparable 7-cylinder per row engine
is an R-1416. I have made the appropriate adjustments to
the reciprocating and rotating inertias assuming the
crankpin dimensions stay the same. According to Table 6

one could reduce the projected crankpin bearing area of the
R-1416 by about 14% to keep the same maximum bearing
pressure. Such a reduction would reduce the rotating inertia
and a further slight reduction in bearing area could be real-
ized.
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Figure 18. Polar Diagram Showing Crankpin Resultant Force Magnitude and Direction with Respect to the Engine Axis
Wright R-1820: Engine Speed = 2,500 RPM; imep = 245 psi; r = 6.7
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Figure 20. Dimensionless Mean Bearing Load versus Dimensionless Mean Inertia Load, Radial Engines

Figure 19. Dimensionless Maximum Bearing Load versus Dimensionless Mean lnertia Load, Radial Engines

1. Wright R-1820
2. Pratt & Whitney R-2800
3. Wright R-3350
4. Pratt & Whitney R-1830
5. Wright R-2600
6. Armstrong-Siddeley Jaguar V
7. Bristol Jupiter IV
8. Wright R-1750
9. Bristol Jupiter VIII
10. Armstrong-Siddeley Tiger
11. Armstrong-Siddeley Panther
13. Bristol Jupiter VI
14. Pratt & Whitney R-1340
15. Pratt & Whitney R-1860

1. Wright R-1820
2. Pratt & Whitney R-2800
3. Wright R-3350
4. Pratt & Whitney R-1830
5. Wright R-2600
6. Armstrong-Siddeley Jaguar V
7. Bristol Jupiter IV
8. Wright R-1750
9. Bristol Jupiter VIII
10. Armstrong-Siddeley Tiger
11. Armstrong-Siddeley Panther
13. Bristol Jupiter VI
14. Pratt & Whitney R-1340
15. Pratt & Whitney R-1860



Most radial engines had bore/stroke ratios of less than
one. The question naturally arises as to whether the choice
of this ratio was made on the basis of bearing loads or
another important variable, the diameter of the engine. I
have explored the question of engine diameter in Reference
32 where it was shown that engine diameter was a 
minimum at a bore/stroke ratio of about 0.9 for 9 cylinders
per row and about 1.15 for 7 cylinders per row. Both values
depend on assumptions about the design ratios of the
engine, including master rod to stroke ratio, piston length to
bore ratio, etc. but despite this potential for reduced frontal

area, no seven cylinder per row radial had a
bore/stroke ratio greater than one although the seven
cylinders per row engines of Wright, Pratt & Whitney
and Bristol all had larger bore/stroke ratios than their 9-
cylinder counterparts (see Table 2). The reason for this

may be apparent from a look at Figure 21, where I have
plotted maximum bearing pressure versus bore/stroke
ratio. The assumptions made in developing these curves are
given on the figure. The relationships between knock limit-
ed imep and bore size were developed from material in
(31). Figure 21 indicates that the bore/stroke ratio chosen
for these two nine-cylinders-per-row engines minimizes the
bearing pressure while keeping the engine diameter at an
optimal value.

Given the importance of frontal area and bearing loads it
seems reasonable to assume that design studies by the
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Figure 21. Maximum Crankpin Bearing Pressure versus Bore/Stroke Ratio, Two Radial Engines

Table 5. Maximum and Mean Crankpin Bearing
Loads

Merlin 130 and Allison V-1710
3,000 RPM and 336 psi

Indicated Mean Effective Pressure

Table 6. Comparison of Bearing Loads in
Radial Engines, 9 versus 7 cylinders

Based on the Wright R-1820 (Engines 1 &
12, Tables 2 & 4) @ 2,800 RPM & 286 psi 

Indicated Mean Effective Pressure



engine manufacturers explored these issues in great detail,
especially toward the end of the large piston engine era.

This is another example of the power of dimensional
analysis. By getting the equations of the lines for dimension-
less bearing loads from Figure 19 the engine dimensions
and weights are defined by the dimensionless groups that
make up the relationship and the task of creating Figure 21
is greatly simplified.

A Variation on a Theme
Most in-line and radial crankpin bearings were clamped

or pressed into the connecting rod, and oil was introduced
through a passage drilled in the crankpin. The radial engine
master rod shown in Figure 1 (a Wright design) adopted a
floating bearing that was prevented from rotating by the set
of teeth on the left end and a mating set in the knuckle-pin
locking plate also shown in Figure 1. According to
Reference 1 the clearance between the outer diameter of the
bearing and the inner diameter of the master rod was about
0.003”. This type of arrangement also lends itself to inter-
changeability since the vagaries of press fits are eliminated.
It also makes the bearing less sensitive to the effects of
bending in the crankshaft, distortion of the big end of the
master rod by the articulated rod loads, and misalignment
due to crankcase deflections. A rather elegant solution to a
number of potential problems.

Bristol
Bristol deserves a special section because, as in so many

other aspects of aircraft engine design, they were often out
of the main stream in the area of crankpin bearings.

Figure 22 shows an interesting early attempt by Bristol to
reduce or eliminate the rotating crankpin bearing inertia
load and possibly some of the reciprocating load as well.
Two counterweights were attached to the big end of the rod
but were free to rotate relative to the rod and were guided
in slots on the normal crank counterweights. These were
apparently installed on the Jupiter II according to the 1920

Jane’s but are not mentioned in the 1922 issue. These sliding
counterweights would also have reduced the size of the
fixed counterweights.

One would expect that Roy Fedden would have had a bet-
ter idea and, as with many other aspects of aircraft engine
design, he doesn’t disappoint on the subject of crankpin
bearings. This account is from Ricardo (22). Ricardo’s firm
was approached by Bristol and the British Air Ministry to
help in solving a crankpin bearing problem in the Jupiter
engine. This was in “1922-1923” and the bearings were
apparently failing from excessive temperature. Ricardo
states there was “a maximum oil flow that could be tolerat-
ed” because their oil control piston rings were not able to
handle the oil thrown off the master rod when that “maxi-
mum flow” was exceeded. Based on some previous experi-
ence with steam turbines using a fully floating bearing,
Ricardo designed a “freely perforated floating bush”. This
apparently worked well enough in the one-piece master rod
used in Ricardo’s test fixture but not so well in the split rod,
presumably because the floating bushing would have had
to have been split as well. Since the split rod was standard
in the Jupiter at that time, this was apparently what led to
the one piece master rod and built-up crankshaft at Bristol
(see the Jupiter engines in Table 2 and discussion above on
rotating weights). It is difficult to understand how a floating
bushing with a large number of holes could allow an ade-
quate hydrodynamic film to develop. Figure 23 shows a
floating bushing in an early Hercules crank assembly. Note
that the Bristol bushing was allowed to freely rotate, unlike
the Wright bushing described above.

In any case the floating bush was eventually abandoned
by Bristol. According to Banks (23) Bristol’s Polish licensee
(P.Z.L.) for the Pegasus engine convinced Fedden to go back
to a fixed bearing. Bristol went back to a fixed bearing but
they didn’t press it into the master rod, instead they shrank
it to the crankpin as shown in Figure 24.

This required a passage through the bearing to communi-
cate with the journal surface, now the inner diameter of the
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Figure 22. Bristol Jupiter Connecting Rod Big-End Balancing
Counterweights

Figure 23. Early Bristol Hercules Connecting Rod Assembly 
Showing Perforated Floating Bushing



master rod. As Figure 24 indicates, they went to fairly elab-
orate lengths to spread the oil over the bearing surface. The
slot in the crankpin in the view without the bearing in place
looks like it could be a significantly higher stress riser than
a simple hole and the elaborate sculpting on the bearing
surface reduces the effective bearing area which, as we will
see, doesn’t really matter in the case of radial engines. The
really striking thing is that, while their competitors were
adopting silver-lead-indium bearings, Bristol adopted a tin
based Babbitt (white metal). How did they get away with
this? I puzzled over this for some time until David
Robinson (R-RHT member) came up with Reference 33 by
Markham of Bristol. By making the bearing surface the
outer diameter of the crankpin rather than the inner diame-
ter of the master rod the load profile is restricted to about
140° of the circumference of the crankpin rather than 360° if

the bearing were located in the master rod. This apparently
reduced the stress range enough so that the bearing would
not fail from fatigue.

In order to verify this claim I analyzed the crankpin loads
of the Wright R-1820 using Figure 18 to get the bearing
loads and vector orientations and then transformed them
relative to the crankpin and master rod. The result is shown
in Figure 25, and shows the load vectors oscillating 70° on
either side of the crankpin axis while they traverse the
entire master rod inner diameter circumference. So the bear-
ing load varies from 37,000 lb to zero on the master rod but
37,000 to 31,000 lb on the crankpin, a much reduced range.
This is somewhat of a simplification since these loads are
supported by an oil film whose maximum pressure is also
oscillating in a similar manner but apparently it does not
drop to zero over the range shown in Figure 25.
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Figure 25. Crankpin Bearing Load Pattern versus Crank Angle

Figure 24. Bristol Crankpin Bearing



This result also indicates why the elaborate sculpting
shown in Figure 24 is not a detriment to bearing perform-
ance since it is in an area of the crankpin that is always
unloaded. It was apparently adopted to increase the oil flow
through the bearing and keep bearing temperatures down,
which would also increase the fatigue resistance of the bear-
ing. Reference 34 describes tests on the effects of oil grooves
on bearing performance and a configuration very similar to
that shown in Figure 24 was shown to give three to four
times the flow of a simple hole.

Given that Babbitt is a superior bearing material in many
respects save fatigue strength, it seems very odd that in all
of the work carried out by the NACA the technique adopt-
ed by Bristol was, to my knowledge, never mentioned as a
possibility and certainly not adopted by any major
American manufacturer. Since most late radial engine
designs utilized built-up crankshafts any crankpin bearing
change required that the crankshaft be disassembled so the
fact that Bristol’s bearing was shrunk onto the crankpin
would not have made much difference in repair time.

Crankpin Bearing Lubrication
All engines described in this paper had pressure lubricat-

ed crankpin and main bearings. Oil was supplied either
directly to the crankshaft or through an oil gallery to the
main bearings and from there to the crankpin. The lube oil
serves to establish a film that prevents metal to metal con-
tact between the journal and bearing and to provide cool-
ing. The splash system that persisted in automotive practice

for a number of years could not provide an oil flow rate that
was adequate to keep the bearing temperature at an accept-
able level in the higher specific power ratings of aircraft
engines.

The variables that affect the flow rate of oil are: supply
pressure, bearing clearance, and the length to diameter ratio
of the bearing. The clearance and the length to diameter
ratio are under the control of the designer and require a
very tricky balance between oil flow rate and minimum oil
film thickness. The flow rate increases as the cube of the
clearance but the minimum film thickness decreases
approximately linearly with clearance. If a bearing is limited
by temperature an increase in clearance can help, but if it is
limited by minimum film thickness a decrease in clearance
can help.

These trade-offs are shown in Figure 26, which is based on
the geometry and running conditions of the Wright R-1820
ca.1951. Data from Reference 24 was used to calculate the
flow rates and minimum film thickness shown. The trade-
off between flow rate and film thickness is apparent. The
effect of length to diameter ratio is included to show how a
designer confronted with a bearing problem might react to,
say, an inadequate oil film thickness. If he decreases the
clearance and then runs into a temperature problem
because of a reduction in oil flow he can shorten the bearing
to try to regain some of the lost flow rate. We have noted
how (Figs. 2 and 3) the bearing length to diameter ratio
decreased over time and the reasons for that change. The
effects of shaft deflection also play an important role in the
selection of bearing clearance and an increase in clearance
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Figure 26. Crankpin Oil Flow and Minimum Film Thickness versus Bearing Clearance and Bearing Length to Diameter Ratio



to solve a wear problem due to deflections cannot be carried
out without consideration of the other variables concerned.

All of the crankpin bearings of the engines discussed here
had oil supplied through passages in the crankpin. In most
cases this was a simple hole from the hollow crankpin to the
surface of the journal, the Bristol engines just discussed
being the only exceptions. The question of where to position
the hole relative to the crank axis was important. In order to
maximize the oil flow the hole should be positioned where
the average oil film pressure is a minimum. For radial
engines this is a relatively simple matter because, as Figure
25 indicates, there is a large fraction of the circumference of
the crankpin that is not loaded and the oil hole can be
placed anywhere in that area. Most engines put the hole on
the crank axis to take advantage of the centrifugal force,
which can double the pressure at 2,500 rpm in a typical
engine.

In the case of in-line engines the solution is not so simple
because, unlike the radial engine, there typically is nowhere
that is always unloaded so the next best thing is to have the
oil hole where the loads are lightest for the shortest period
of time. This involves creating a force diagram relative to
the crank axis and determining the area where the time-
weighted load is a minimum. This procedure is demonstrat-
ed in (1) for the Allison V-1710 at 3,000 rpm and 242 psi
imep. The result for the optimum oil hole position was at an
angle of 70° to the crank axis in the direction of engine rota-
tion. Reference 10 shows an un-dimensioned, sectioned,
crankpin for the V-1710 with the oil hole at approximately
60° to the crank axis and a symmetrical hole on the other
side of the crankpin presumably to allow one crank to be
used for either rotation.

Closing Comments
It has been my purpose to show how bearing loads and

bearing geometry changed over the period 1915-1950.
Perhaps the most striking thing about these results is the
progression from the broad range of values of the design
ratios in the early years to a fairly narrow consensus in the
final years as exhibited in Figs.2, 3, & 4. I had suspected that
this would be the case but was surprised at the magnitude
of the differences in the earlier years. It was also gratifying
to note that an outlier like the Curtiss V-1570 was a trouble-
some engine with regard to bearing failures. It indicates
what can happen if you attempt to push the envelope too
far too soon.

The maximum bearing pressures for in-line and radial
engines ended the period at about the same level, the Rolls-
Royce Griffon pressure being slightly higher than the high-
est radial (Fig.5) and this also came as a surprise. The mini-
mum oil film thickness for the radials at the end of the era
was somewhat below the in-line engines primarily due to
the higher mean bearing loads.

In support of my contention that aircraft engine bearing
development led to much of the bearing technology current-
ly in use in all piston engines, I submit the steel-backed alu-

minum bearing so prevalent today. Rolls-Royce was consid-
ering them as early as 1940 and the NACA was sponsoring
development of them in the mid 1940’s.(36,37)

Heron (Reference 19) has claimed that plain bearings save
weight and, at least according to Val Cronstedt (19), are
more reliable. As I mentioned in the text, the Daimler-Benz
601A utilized a 3 row roller bearing with a duralumin cage
(Ref.35). Since the crankpin diameter to bore ratio at 0.57 is
well above the average for the period (see Fig.2) it is fairly
safe to assume that the resulting rotating weight is signifi-
cantly higher than it would have been with a journal bear-
ing. We can compare the weights of the DB-601A with the
Jumo 211B, a very similar engine and from the same coun-
try: the DB-601A weighed 0.76 lbs./in3 of displacement
while the Jumo-211B weighed 0.67, a fairly significant dif-
ference. The weight per take-off horsepower was slightly
higher for the DB engine as well.

With regard to air-cooled engines, the closest we can come
to a journal versus rolling element weight comparison is
between the Pratt & Whitney R-2800 (so far as I am aware
the only radial engine with journal main bearings in all
positions) and the Wright R-2600 with rolling element bear-
ings in all main bearing positions. The R-2600 is lighter on a
per cubic inch basis (0.79 versus 0.84) and slightly heavier
on a horsepower basis (1.07 versus 0.98). I am not sure this
tells us very much about the relative effects of bearing type
since the design philosophies of the two engines were prob-
ably significantly different in other respects.

Finally, I would like to make the case for some systematic
approach to obtaining pertinent engine information. In the
course of writing this paper I have become quite conscious
of the fact that, as the Acknowledgement section amply
demonstrates, the only source of dimensions and weights is
through the generosity of people who have engines disas-
sembled and are willing to take the time to measure or
weigh the relevant parts. I could hardly believe that the
reciprocating and rotating weights of the Merlin were not
published somewhere, but apparently they are not. I have
not been able to find much of the material needed on the
later Bristol engines except from people who have one in
parts. My own particular interests, as anyone who has read
this paper and my previous papers will be aware, lie on the
analytical side. I don’t know if this particular approach to
engine history will outlive me, but I hope others will see the
importance of this technique for gaining an understanding
of why and how certain design decisions were made in the
course of developing these magnificent examples of the art
of mechanical engineering.

I have had to resort to scaling dimensions of pistons,
valves, crankshafts. etc., from transverse and longitudinal
cross-sectional drawings on numerous occasions from
knowing only the bore and stroke of the engine in question.
I suppose we are lucky to have these available but I am
always worried that the drawings I am scaling from have
been distorted when placed in the journals where they
appear. Perhaps we could, as an organization and teamed
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with similar organizations, establish a data base of the
important engines listing critical dimensions and weights.
Members could then submit what they know about specific
engines and organizations that rebuild these engines could
be asked to provide information.
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Figure 27. Definitions and Derivations


